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FOREWORD 


High  pressure  steam  supply  is  an  economical  means  to  achieve  process  fluid 
lubrication.  This  prospect  is  particularly  attractive  for  rotating  power 
conversion  machinery  in  which  the  steam  turbine  provides  the  driving  power. 

The  obvious  advantages  are: 

•  Elimination  of  the  oil  lubrication  system  saves  maintenance 
requirement,  improves  reliability,  avoids  fire  hazards,  and 
reduces  nuisances  such  as  oil-vapor  fouling  and  noises. 

•  Use  of  steam  bearings  in  hot  zones  minimizes  temperature 
gradients  and  the  associated  mechanical  problems. 

•  Cost  for  generating  high  pressure  steam  is  relatively 
modest . 

Considerations  in  the  design  of  steam  bearings  are  quite  similar  to  those 
in  the  design  of  gas  bearings.  In  fact,  if  the  steam  can  be  maintained  at  a 
superheated  state  at  all  times,  every  aspect  known  of  the  gas  bearing  would 
be  directly  applicable.  However,  if  the  supply  steam  is  either  saturated  or 
slightly  wet,  additional  complications  arise  due  to  the  possibility  of 
liquid-vapor  phase  changes.  Consequently  material  problems  related  to 
erosion  and  corrosion  must  be  resolved,  thermodynamic  properties  become  im¬ 
portant,  and  heat  transfer  effects  are  of  utmost  importance.  Under  the  sponsor¬ 
ship  of  the  Office  of  Naval  Research,  a  number  of  research  and  development 
studies  have  been  carried  out  at  MTI  with  the  aim  of  establishing  practicable 
guidance  for  the  design  of  steam-lubricated  bearings  with  a  saturated  supply. 
This  document  consolidates  the  pertinent  findings  related  to  the  design  of 
steam-lubricated  journal  bearings. 

This  manual  consists  of  six  chapters,  the  titles  of  which  are  listed  on  the 
preceding  page.  All  but  the  first  chapter  is  written  as  a  complete,  topical 
report.  The  first  chapter  entitled,  "DESIGN  PROCEDURES",  contains  an 
illustrative  design  problem,  and  brings  together  the  essential  contents  of 
the  other  five  chapters  to  give  a  cohesive  account  of  the  latest  information 
on  the  design  of  steam-lubricated  externally-pressurized  journal  bearings. 
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INTRODUCTION 


By  definition,  a  bearing  is  a  machine  part  which  supports  a  load  and  allows 
a  journal  to  turn,  or  rotate.  An  externally-pressurized  steam-lubricated 
journal  bearing  is  such  a  part  that  performs  wich  the  use  of  a  high  pressure 
steam  supply.  Thus,  when  designing  an  externally-pressurized,  steam-lubricated 
bearing  one  must  be  aware  of  not  only  the  bearing  design  Itself,  but  also  the 
rotor  and  the  external  steam  supply  and  related  hardware. 

The  overall  bearing  design  should  be  influenced  by  the  functions  and/or 
requirements  of  the  bearing,  such  as  load-carrying  capacity  and  stiffness; 
the  related  problems  that  can  arise  uui ing  operation,  such  as  steam  erosion, 
thermal  distortion  ana  shaft  instabilities;  and  previous  solutions  of  these 
problems  based  on  theoretical  and  experimental  experiences  such  as  material 
selection  and  choice  of  mechanical  design.  Thus,  the  objective  of  this  chapter 
is  to  outline  design  procedures,  utilizing  a  practical  design  example  with 
reference  to  the  other  five  chapters  of  this  manual  which  cover  experimental 
experiences,  bearing  performance ,  thermal  design,  bearing  materials,  and  steam 
processing. 

Functions  and  Requirements 

The  function  of  the  externally-pressurized,  steam-lubricated,  journal 
bearing  is  to  carry  applied  radial, and  moment  loads,  while  maints  ning  a 
steam  film  between  the  sleeve  and  the  Journal.  The  bearing  is  to  be  designed 
to  withstand  thermal  distortions,  angular  misalignment,  momentary  overloading 
and  to  avoid  instabilities.  Geometrical  simplicity  is  desired  to  avoid 
excessive  manufacturing  costs.  Because  the  bearing  is  eternal  lv-presrur  ized, 
the  designer  most  concern  himself  with  the  external  steam  supply  system  and 
related  hardware  such  as  filters,  separators  and  traps,  and  furthermore  since 
the  lubricant  is  steam  one  must,  deal  with  high  temperature  materials  ana 
mechanical  design  concepts 


Upon  stating  the  functions  and  requirements  of  a  bearing,  one  immediately  becomes 
aware  of  the  problems  that  can  arise  -  thermal  stresses,  instabilities,  material 
erosion,  and,  etc. 

Related  Problems  and  Their  Solutions 

The  externally-pressurized  steam  bearing  has  the  normal  problems  associated 
with  rotor-bearing  systems,  the  problems  of  externally-pressurized  gas  bearings, 
the  problems  of  high  temperature  bearings  and  finally  its  own  inherent  problems. 

Since  all  gas  bearings  have  relatively  low  damping  characteristics  compared  to 
oil  lubricated  journal  bearings,  the  rotor-bearing  critical  speeds  and  response 
to  dynamic  load  must  be  given  a  considerable  amount  of  attention  and  analysis 
in  design.  Another  problem  that  arises  is  the  alignment  of  the  bearings  with 
respect  to  the  rotating  shaft.  In  small  machines,  this  problem  may  be  solved  by 
boring  or  grinding  the  bearings  in-line.  However,  in  large  machines  alignment  is 
usually  obtained  by  mounting  the  bearings  on  flexures  (self-aligning  mountings.) 

The  problems  that  arise  in  all  externally-pressurized  gas  bearing  systems  are 
of  two  basic  varieties;  the  first,  is  related  to  the  design  of  the  external  gas 
supply  system  which  must  satisy  the  pressure  and  flow  requirements  of  the  bear¬ 
ing,  and  the  second  is  related  to  instabilities  that  can  occur  in  an  externally- 
pressurized  gas  bearing.  There  are  three  instabilities  and  these  are  named, 

1)  lock-up,  2)  pneumatic  hammer,  and  3)  hydrodynamic  instability,  or  fractional 
frequency  whirl.  All  of  these  instabilities  can  be  avoided  by  proper  design. 
Lock-up  can  be  prevented  by  providing  for  a  sufficient  number  of  restrictors 
in  the  design,  and  sizing  the  bearing  to  carry  all  loads  while  allowing  the 
journal  to  be  displaced  a  maximum  cf  half  the  radial  clearance.  The  second  in¬ 
stability,  pneumatic  hammer  can  be  avoided  by  designing  with  inherently  compen¬ 
sated  restrictors.  Orifice  restriction  will  provide  a  bearing  wilh  greater 
stiffness,  however,  this  type  of  restriction  Is  prone  to  pneumatic  hammer  insta¬ 
bility  and  restrictor  design  and  operating  conditions  must  be  chosen  carefully. 

The  third  instability  is  inherent  with  hybrid  bearings  ,  and  hydrodynamic 
instability  occurs  when  the  shaft  speed  is  in  excess  of  the  first  rigid  body 
critical  speed  by  a  factor  of  approximately  1.6.  The  problems  of  high  temperature 


*A  hybrid  bearing  is  a  bearing  that  has  both  hydrostatic  (externally-pressurized) 
and  hydrodynamic  effects. 
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bearings  are  essentially  thermal  distortions  and  stresses.  These  are  eliminated 
or  curtailed  by  design  -  use  of  self-aligning  mounts,  proper  selection  of 
materials,  and  the  fabrication  of  the  bearing  parts  with  proper  clearances. 

Additional  problems  must  be  considered  when  the  bearing  lubricant  is  high 
pressure,  saturated  steam.  There  are  three  significant  ones;  namely,  steam 
hammer  instability,  material  erosion  in  the  restrictor  regions,  and  the  steam 
delivery  system,  including  the  piping,  filtering,  separating  and  trapping. 

The  first  problem,  steam  hammer,  car.  be  avoided  by  using  the  "unitized  bearing" 
design,  with  proper  condensate  separating  and  trapping.  Just  as  the  use  of 
inherent  compensation  is  the  most  straight  forward  step  in  avoiding  pneumatic 
hammer,  the  use  of  the  unitized  bearing  design  is  the  best,  first  step  in  pre¬ 
venting  steam  hammer.  The  material  erosion  and  wear  problem  is  minimized  by 
designing  with  the  proper  materials.  The  problem  of  the  steam-delivery  system 
is  multi-faceted  with  the  major  concern  being  to  remove  all  or  nearly  all 
entrained  moisture  from  the  supply  steam.  This  can  be  done  by  the  use  of 
commercial  separators.  Filters  to  remove  entrained  solid  particles  and  effective 
pressure  regulation  are  additional  steam  supply  system  considerations: 

Design  Parameters  and  Design  Direction 

The  solution  of  the  externally-pressurized,  steam-lubricated  journal  bearing 
design  problem  is  quite  straight-forward  when  one  considers  the  appropriate  design 
parameters  and  available  design  direction. 

Analytical  design  guidances  concerning  the  bearing  performance  and  thermal 
design  art  presented  in  detail  in  Chapters  III  and  V  respectively. 

The  bearing  performance  data  is  a  function  of  five  parameters:  the  slenderness 
ratio,  L/D,  the  restrictor  coefficient,  A£,  the  pressure  ratio,  P  /P  ,  the 
eccentricity  ratio,  e,  and  the  squeeze  number,  c- 

The  slenderness  ratio  is  the  ratio  between  the  bearing  length,  L,  end  the 
journal  diameter,  D.  A  very  narrow  bearing  has  a  slenderness  ratio  which 
approaches  zero.  A  very  long  bearing  has  a  slenderness  ratio  approaching 
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infinity.  The  typical  design  range  is  between  one-half  and  two  Axial  spacing 
and  bearing  alignment  usually  dictate  a  slenderness  ratio  less  than  one  whereas 
the  thermal  design,  load-capacity  and  stiffness  requirements  dictate  a  slenderness 
ratio  greater  than,  or  at  least  equal  to.  one.  A  good  choice  is  a  bearing  with 
the  slenderness  ratio  equal  to  one. 

The  restrictor  coefficients,  A|,  is  the  ratio  between  the  flow  resistance  of 

s 

the  steam  film  and  the  flow  resistance  of  the  feeding  holes.  The  feeding  holes 
must  be  designed  such  that  they  restrict  the  flow  and  produce  a  pressure  drop  at 
the  entrance  to  the  film.  When  the  feeding  holes  are  restricted,  the  bearing 
possesses  stiffness.  However,  if  the  restriction  is  so  large  that  the  pressure 
drop  through  the  feeding  holes  absorb  all  the  available  supply  pressure,  the  down¬ 
stream  pressure  approaches  the  ambient  pressure  and  the  bearing  stiffness  and 
load  capacity  approaches  zero .  It  becomes  evident  that  there  is  an  optimum  amount 
of  restriction  at  which  the  bearing  stiffness  is  a  maximum.  This  optimum  value 
of  the  restrictor  coefficient  occurs  at  approximately,  Ag£  =  0.7. 

The  third  design  parameter,  the  pressure  ratio,  P  /P  is  a  ratio  between  the 
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supply  pressure  and  the  ambient  pressure.  This  parameter  is  related  to  the  total 
pressure  drop,  Pg-P  iwhich  is  important  in  sizing  the  bearing  to  carry  a  given 
load.  A  typical  range  of  the  pressure  ratio  is  from  3  to  20.  Normal  designs 
have  a  pressure  ratio  of  approximately  10. 

The  bearing  eccentricity  ratio,  P- ,  is  the  ratio  of  the  displacement  of  the  journal 
center  to  the  radial  clearance.  If  the  eccentricity  ratio  is  zero  there  is  no 
displacement  ~  no  load.  When  the  eccentricity  ratio  is  one  the  journal  is  touch¬ 
ing  the  bearing  —  maximum  load.  In  an  externally-pressurized  bearing  the  load  is 
nearly  linear  with  displacement  up  to  an  eccentricity  ratio  of  0.5.  Normal 
operation  should  be  at,  or  less  than,  an  eccentricity  ratio  of  0.5. 

The  fifth  design  parameter,  the  squeeze  number,  a,  is  the  key  to  the  dynamic 
performance  of  the  bearing.  This  performance  is  characterized  by  the  bearing's 
stiffness  and  damping  properties,  and  by  the  stability  of  the  bearing.  In  most 
applications,  the  natural  frequencies  of  the  system,  such  as  the  critical  speeds 
of  the  rotor,  are  predominantly  determined  by  the  bearing  stiffness,  the. 
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response  of  the  system  to  vibratory  forces  (usually  synchronous  with  the  rotating 
speed)  depend  strongly  on  the  dan  ping  present  in  the  bearings.  Furthermore, 
the  dynamical  forces  can  induce  self-excitation  and  thereby  make  the  bearing 
unstable.  It  is,  therefore,  necessary  that  data  be  available  to  the  designer 
from  which  both  the  stiffness  and  damping  coefficients  and  also  tne  bearing 
stability  can  be  determined. 

Other  secondary, bear ing  design,  parameters  are  the  clearance  ratio,  C/R  and 
the  number  of  feeding  planes  and  feeding  holes. 

A  clearance  ratio  of  one  mil/in.  is  normally  a  good  choice.  A  decrease  in 
clearance  will  decrease  the  steam  flow  by  a  factor  of  the  clearance  cubed  and 
increase  the  stiffness  linearly.  However,  a  smaller  clearance  also  means  that 
the  manufacturing  tolerances  could  be  more  critical  and  also  the  bearing  is 
more  sensitive  to  dirt  and  distortion. 

The  question  of  single  plane  versus  double  plane  feeding  is  largely  a  question 
of  how  critical  it  is  to  obtain  the  highest  possible  load  and  stiffness.  From 
the  standpoints  of  thermal  design  and  fabrication  a  steam  bearing  with  a 
single  plane  feed  is  the  best  choice. 

The  number  and  size  (diameter)  of  the  feeding  holes  provide  a  means  to  optimum 
performance.  By  adjusting  these,  the  optimum  value  of  the  restrictor 
coefficient  can  be  obtained.  Normally,  the  number  of  holes  per  feeding  plane 
should  be  set  at  a  minimum  of  from  6  tc  8.  Also,  the  circumferential  hole 
spacing  should  be  compatible  with  the  axial  flow  path.  The  diameter  of  the 
feeding  holes  usually  range  from  0.030  to  0  120  inches. 

The  bearing  thermal  design  data  is  a  function  of  one  primary  parameter, 

L/D*a1  L/D  is  the  slenderness  ratio,  previously  discussed.  And  A  is  a 
parameter  composed  of  the  clearance  ratio,  the  bearing  and  shaft  wall  thickness, 
and  the  thermal  conductivity  of  the  steam,  the  shaft  material,and  the  bearing 
material.  This  parameter  is  a  derivative  of  the  heat  transfer  analysis 
performed  on  'he  "unitized  bearing".  The  unitized  bearing  is  a  particular 
hearing  design  which  consists  of  a  dua 1 -manf t  °ld  arrangement.  This  arrangement 
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includes  a  jacketing  steam  header  to  control  the  bearing  and  shaft  temperature 
with  little  loss  of  heat  from  the  steam  in  the  separate  steam  header  which  supplies 
the  bearing  film.  The  jacketing  header  is  filled  with  condensing  steam  above  the 
supply  header  pressure.  The  shaft  and  bearing  temperatures  are  thus  maintained 
close  to  the  supply  steam  saturation  temperature  because  this  condensation  of 
steam  in  the  jacketing  header  supplies  the  heat  losses. 

The  basic  guide  to  minimize  the  formation  of  condensation  and  thus  minimize 
evaporation  within  the  steam  film  which  in  turn  enhances  the  protection  against 
steam  hammer  instability  is  to  minimize  the  clearance  ratio,  the  shaft  and  bearing 
wall  thickness  and  the  thermal  conductivity  of  the  shaft  material,  and  to  maximize 
the  slenderness  ratio  and  the  faring  thermal  conductivity.  A  typical  operating 
range  of  l/dVa  is  from  0.75  to  4.0.  Experience  indicates  that  one  should  design 
with  L/dVa  >  2. 

Important  empirical  experiences  obtained  in  MTI 1 s  development  studies  in  steam 
bearing  lubrication  are  reported  in  Chapters  II,  IV  and  VI.  Many  items  must  be 
considered  in  a  complete  steam  bearing  design  study  such  as  the  steam  delivery 
system,  and  the  bearing  and  shaft  materials. 

The  steam  delivery  system  should  consist  of  a  steam  processing  unit  to  dry  the 
supply  steam  prior  to  its  entering  the  bearing  supply  header  and  an  effective 
trapping  arrangement  to  remove  the  separated  condensate  from  the  steam  supply. 

An  independent  steam  line  is  also  necessary  to  supply  the  steam  to  the  jacketing 
manifold  of  the  unitized  bearing  which  in  turn  satisfies  the  environmental  and 
shaft  heat  loads. 

Based  on  the  overall  results  of  the  material  studies  at  MTI  a  chrome  carbide 
coating  sprayed  on  400  series  stainless  steel  appears  to  be  the  best  material 
choice  for  both  the  bearing  and  shaft  materials  in  a  steam  bearing  design.  This 
choice  provides  the  best  protection  against  steam  erosion  and  wear  due  to  sliding. 

An  index  of  terms  for  easy  reference,  related  to  the  bearing  functions  and  re 
quirements,  design  problems  and  their  solutions,  and  design  parameters  iias  been 
included  at  the  end  of  this  Chapter. 


The  essentials  of  the  next  five  Chapters  are  utilized  in  the  following  practi¬ 
cal  design  example. 


Practical  Design  Example 


A  sketch  of  a  bearing-rotor  system  is  shown  below.  The  journal  outside  diameter 
is  4  inches.  The  problem  is  to  design  a  saturated  steam- lubricated  journal 
bearing  to  carry  the  100-lb.  load  and  operate  at  7200  RPM.  A  critical  speed 
map  prepared  for  this  rotor  configuration  indicating  the  first  and  second 
critical  speeds  as  a  function  of  bearing  radial  stiffness  is  also  shown  below. 


i  50  lb. 


4  in. 


SV/.Y.// 


1  100  lb. 


ad  Critic* 


1st  Critical 


BiUfi 


Design  Speec^l.6 


Radial  Stiffness  lbs/inch 
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Other  operating  conditions  are: 

ambient  pressure,  14.7  psia 
maximum  supply  pressure,  200  psig 
maximum  flow  available,  150  lb/hr/bearing 


From  the  critical  speed  map  it  is  obvious  that  one  must  operate  above  the 
first  critical  and  in  order  to  avoid  hydrodynamic  instability  the  bearing 
stiffness  should  be  2  x  103  lb/in.,  or  greater.  Hydrodynamic  instability 
occurs  at  approximately  1.6  times  the  lowest  shaft  critical  speed. 

Assume  and  L/D  =  1,  and  single-plane  feeding  from  Design  Chart  -  2  in 

Chapter  III,  CK/ (ApLD)  =  0.32  at  ~  0.7.  From  Chapter  II  it  is  advised 

to  use  a  0.75  correction  factor  it  one  operates  near  the  optimum  A  ?  value. 

s 

With  the  maximum  supply  pressure,  Ap  =  200  psig, and  an  assumed  value  of 
C/F  »  1  mil/in  the  radial  stiffness  is 

K  =  (0.32)  (0.75), 

K  =  200£±L1£2  (0.24)  (103), 

K  =  384,000  lb/in;  Ap  =  200  psi 
K  *  200,000  lb/in;  Ap  ■  104  psi 

For  the  same  conditions  and  assumptions  as  above  the  load-capacity  is, 

W  -  ApLDe  (0.32)  (0.75). 


WMAX  "  200  (4)  (4)  (°‘5)  (0,ra)  » 


W  ■  384  lbs.;  Ap  *  200  psi 

nAA 


MAX 


200  lbs.;  Ap  *  104  psi 
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The  value  of  c  =  0.5  is  recommended  as  a  maximum  value  Co  avoid  the 
danger  of  lock-up. 

In  the  calculations  above,  three  assumptions  were  made: 

1)  L/D  -  1 

2)  Single-Plane  Feeding 
and  3)  C/R  «  1  mil/in 

An  L/D  =  1  is  suggested  as  a  first  choice.  From  the  standpoint  of  the 
thermal  design  and  for  maximum  load-capacity  and  stiffness  an  L/D  >  1  is 
better.  However,  the  above  calculations  indicate  that  the  bearing  with 
L/D  =  1  has  sufficient  load-capacity  and  stiffness.  Axial  spacing  and 
bearing  alignment  usually  dictates  an  L/D  <  1.  From  a  load-capacity  and 
radial  stiffness  standpoint  an  L/D  *  1  would  be  acceptable.  From  a  thermal 
design  standpoint  an  L/D  <  1  is  not  recommended.  Usually  the  bearing  flow 
is  higher  for  a  smaller  L/D  as  will  be  shown  in  subsequent  calculations. 
Therefore,  use  L/D  *=  1,  subject  to  an  acceptable  result  for  flow. 

Double-plane  feeding  is  normally  used  only  when  the  load-capacity  and 
stiffness  requirements  are  extremely  critical  since  it  does  lead  to  a 
more  complicated  mechanical  design.  In  this  case,  single-plane  feeding 
is  more  than  adequate. 

A  C/R  *  l  mil/in  is  normally  a  good  choice.  A  decrease  in  clearance  will 

3 

decrease  the  flow  by  a  factor  of  C  and  increase  the  stiffness  linearly. 
However,  a  smaller  clearance  also  means  that  the  manufacturing  tolerances 
could  be  more  critical  and  also  the  bearing  is  more  sensitive  to  dirt  and 
distortion. 


I 
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The  radial  centrifugal  growth  is  calculated  as: 

AC  *  0.0256  ^LL.  j  i~2v  +  ^  2l2*  1 

E  Ll-v  R  1  - v  J 


It  is  not  anticipated  that  any  exotic  shaft  base  materials  will  be  needed 
in  this  case.  Therefore,  make  the  calculation  for  AC  using  steel  properties. 
Of  course,  such  a  size  shaft  (4  in.  dia.),  should  be  hollow  in  order  to 
reduce  the  weight  without  compromising  coo  much  on  rigidity.  It  is 
recommended  that  an  initial  shaft  thickness  be  calculated  from  t/D  *  302. 
Therefore,  t  -  3/8".  With  R  *  2  in.  and  R.  =  1.625  in,,  R  /R  ■=  0,8125. 

’  l  ’  l 


AC  --  0.0256 


3  x  10 


>3  r  i-.6 


(0.66) 


AC  *  79  x  10  -  79  in. 

This  change  in  clearance  is  essentially  negligible,  being  less  than  47.  of 
the  nominal  radial  clearance  of  2  mils,  and  would  be  taken  up  by  the  machining 
tolerances.  However,  this  calculation  must  not  be  played  down  especially  m 
higher  speed  applications  where  a  stress  estimate  should  also  be  made.  For 
this  problem  the  hoop  stress  at  the  outer  radius  is  less  than  1500  psi. 


Next,  the  bearing  steam  flow  calculation  should  be  made.  From  Design  Chart  - 

7  in  Chapter  III  at  A  5  =  0.7,  C  a  0  29.  One  must  now  determine  a  and  IRT. 

®  -  9  o 

At  P  *  200  +  14.7  *  21d.7  psia,  u  *  2.9  x  10  revns,  9  ~  79  ft/  R  and  T  - 

S  ft  7  7 

390°F  -  850°R,  RT  *  3.11  x  10  in  /sec'.  At  P  =  104  *  U.  7  *  118.7  psia, 

Q  ^ 

u  -  2.7  x  10  reyns,  9  *  80.5  ft/°R  and  T  =  340°F  =  800°R.  <RT  -  2.98  x 
8  2  2 

10  in  /sec  .  These  data  have  been  obtained  from  Figs.  IIi-2  and  T 1 1  -  3 . 

It  becomes  obvious  that  neither  ..  nor  the  product  ft!  vary  much  over  the 
pressure  range  of  from  100  to  200  psi  and  for  design  purposes  ir  •«  -  ‘‘icient 

to  represent  a  by  an  average  value,  sav  ..  -  2  8  x  iq'9  revns.  and  (RT  in  an 

8  2  2 

average  value  ol  3  x  10  in*/ sec*.  Thus  ..  *r  -=  0.84  lb/ ■sec. 
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From  Che  above  expression,  for  Che  same  value  of  A^g,  Che  flow  varies 
direcdy  vich  Che  supply  pressure  squared,  Che  clearance  cubed  and 
inversely  as  g  ■  L/D.  Ic  is  obvious  from  Che  flow  scandpoinc  why  che 
clearance  and  supply  pressure  should  be  minimized  and  L/D  maximized. 

Since  92.5  lb/hr  does  noc  exceed  che  flow  limiC  of  150  lb/hr,  Che  inicial 
choices  of  C/R  *  1  mil/in  and  ■  214.7  psia  are  sacisfaccory .  The  use 
of  L/D  *  1/2,  from  a  flew  considerat ion ,  would  noc  be  acceptable- 


The  resCricCor  downscream  pressure  may  be  calculaCed  with  che  aid  of 

—  r  0  29 

Fig.  III-4.  First  calculate  G  *  ~7~z  *  *  0.414;  enter  the  ordinate 

o  A  g  0.7 

of  Fig.  III-4  wich  0.414  and  read  tne  abscissa,  P  /P  »  0.715.  Therefore, 

c  s 

P  ■  153.5  psia.  This  will  be  needed  in  subsequenC  chermal  design 
c 

calculations. 


The  number  and  diameCer  of  che  InherenC ly  compensated  bearing  feeder  holes  are 
calculaced  wich  che  aid  of  che  definition  of  Agg,  Fig.  III-5,  and  a  "rule 
of  thumb"  based  on  the  spacing  between  feeder  holes  and  the  axial  flow  path. 


Thus , 


nd 


nd 


P  r2 
-JL^—  A 

6uV«T  g  S 


6  x  2.8  x  10'9  x  1.73  *  104  x  1 


nd  -  2 . 
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One  could  use  20-0.1  in.  dia.  holes,  10-0.2  in.  dia,  holes,  or  30-.06?  in. 
dia.  holes,  for  example.  But,  before  deciding  consider  the  rule  of  thumb 
that  n  should  be  greater  than  4n  for  single  plane  feeding  and  L/D  *  1. 
Thus,  n  should  be  greater  than  12.  Select  an  average  value  of  n  *  20. 
Therefore  d  ■  0. 1  inch  diameter. 

From  Fig.  III-5  ,  entering  the  abscissa  with  ~  •  *  0.021  .  the 

ordinate,  (n?)  ,  is  equal  to  7.  Thus,  the  minimum  a  1  lovable  value  is 
min. 

n  *  7.  Certainly  n  *  20  satisfies  this  criterion. 

The  power  requirements  are  calculated  as  follows: 

Pump,  power  -  loK  0, 

a 

66.5  x  10*6  x  3  x  108  ,  ,214. 7, 

- 660T -  loge  (‘T4"7)’ 

«  8. 1  HP. 

Friction  Power  Loss  * 


These  calculations  indicate  typical  bearing  power  losses  for  a  4-inch  shai' 
supported  on  externally-pressurized  steam  journal  bearings  operating  at 
7200  1PM.  Notice  that  the  pumping  power  varies  greatly  with  the  supply 
pressure  and  the  friction  power  loss  ha?  the  most  variation  with  the  journal 

diameter  and  speed. 

No  detailed  design  will  be  given  here  for  the  flexure  support.  Cnapter  HI 
covers  this  topic.  It  should  be  emphasized,  however,  the  stiffnesses  of  the 
flexible  support  must  satisfy  two  requirements:  1)  the  radia 1  st , f  f ness 


6600  x  2  x  10‘3  V  o.  75 
0.028  HP. 


must  be  higher  than  the  bearing  radial  stiffness  by  at  least  a  factor  of 
two,  and  2)  the  angular  stiffness  must  be  lower  than  the  bearing  angular 
stiffness  by  a  factor  of  two. 


The  bearing  angular  stiffness  is  calculated  from  Design  Chart  -  9  of 
Chapter  III  with  L/D  -  1  and  -  0.7,  C  Kang/(£pL3D)  =  0.042.  Allowing 
a  0.75  correction  factor  the  angular  stiffness  is  calculated  as: 


K 

ang 


ApL3P 


x  0. 75  x  0.042, 


200 (4) 


2  x  10 


-3 


x  0.0315, 


*  8  x  103  in. -lb/rad. 


It  is  outside  the  scope  of  this  present  manual  to  set  up  a  detailed  dynamic 
analysis,  but  one  should  be  cautioned  that  such  an  analysis  is  usually 
necessary.  It  should  be  standard  design  practice  to  perform  a  dynamic 
analysis  on  all  gas  bearing  supported  rotors.  Such  analyses  with 
corresponding  computer  programs  are  available  and  should  be  a  part  of  the 
library  of  all  designers  active  in  gas  bearing-rotor  design. 

The  usual  approach  in  the  bearing -rotor  dynamic  analysit  is  to  separate 
the  bearing  from  the  rotor  —  representing  rhe  bearing  by  frequency 
dependent  springs  and  dashpots.  One  should  refer  to  Ref.  I-l  for  a 
detailed  description  cf  the  approach  co  this  problem. 


For  externa lly-pressur ixed  bearings  usually  the  static  characteristics  are 
sufficient  if  the  following  inequality  is  satisfied: 


P  2 

N  •  0.05  —  £)  . 


For  the  present  problem. 


N  -  120  <  0.05 


14,  7  x  10 
2.8  x  10' 


-6 


N  -  120  •  262. 
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If  the  inequality  is  not  satisfied,  the  dynamic  characteristics  that  are 
given  in  Design  Tables  lr6  in  Chapter  III  may  be  used. 


For  this  problem,  use  the  stiffnesses  presently  calculated  and  for  the 
damping  values  use  Design  Chart  -  15  and  Design  Chart  -  21  from  Chapter  III 
for  the  static,  radial  damping  and  static,  angular  damping  respectively. 

From  Design  Chart  -  15  in  Chapter  III,  the  radial  damping  at  Ag£  =0.7  is: 

—2 -  *  3.9. 

[iL  (R/C)3 

Therefore,  allowing  a  correction  factor  of  0.75 

B  =  3.9  x  0.75  x  2.8  x  10  \  4  x  10  ^ 

B  =  33  lb.  sec. /in. 


From  Design  Chart  -  21  in  Chapter  III,  the  angular  damping  at  Ag5  =0.7 
is: 


B 

ang 


B 


_ang_ 


,3  ,R.3 

4l  <£> 


=  —0.2. 


-0.2  x  0.75  x  2.8  x  10*9  x  43  x  10'9, 


B  =  -27  In. lb. sec. /rad. 

ang 


For  inherently-compensated  bearings,  the  radial  damping  component  is  always 
positive,  thus  the  bearing  will  not  experience  pneumatic  hammer.  A  negative 
value  of  the  angular  damping  component  (as  In  the  present  problem)  usually 
Implies  pneumatic  hammer  with  flex-mounted  journal  bearings  in  exceptional 
cases.  It  would  take  a  detailed  analysis  to  investigate  this  problem,  and 
it  will  not  be  presented  here.  Some  appropriate  discussion  on  this  problem 
is  given  in  Ref.  1-2. 


I  * 
\  : 


/  : 
L: 


f  ' 


1/ 


The  basic  bearing  design  is  now  completed.  However,  before  finalizing  the 
dimensions  the  thermal  design  should  be  checked. 


The  "unitized  bearing"  or  dual-manifold  design  that  should  be  used  in  the 
solution  of  the  present  problem  is  shown  schematics lly  in  Fig.  V-la.  Notice 
that  separate  supply  and  jacketing  headers  are  featured  in  this  design. 


The  first  step  is  to  calculate  the  value  of  the  parameter  L/Di/fi”,  where 


A  « 


L 


r  2- 

‘■(?  - 


1 


r .  „  k 

in  r + 1  0 

r  3  kf 


} 


It  is  always  wise  to  design  the  bearing  and  the  journal  from  the  same 
material.  In  Chapter  V,  it  is  further  noted  that  k^  should  be  minimized 
and  as  a  first  choice  one  should  use  a  400  series,  stainless-steel.  From 
the  standpoint  of  erosion,  as  discussei  in  Chapter  VI,  this  choice  is 
highly  recommended.  Other  design  recommendations  are  to  set  C/R  =  1  ml  1/in, 
and  t/D  «■  3/32.  Therefore, 


r  =  1.625  in. 


r  ^  *  2  -  000  i n  . 


1  *" 

r  j.  t.  o.34 


r  -  2.002  in. 
r.  «  "’.37?  in. 


In  ~  -  0.174 
r  3 


l  .  t  Etu' f hr- in-  F) 


■  0.00106  Btu/(hr-jn-  I) 


0.3-  .  ...  1.1  .  ' 

°-l/-  *  TTl 


5  . 


Vi  -  :.3i,  J,:  -  2.34  >  1.75. 


As  discussed  in  Chapter  V,  ^  VZT  should  be  greater  than  1.75  for  a  smgle- 
row  design.  Expedience  indicates  that  in  general  for  supply  pressures  up 
to  215  psig  this  will  minimize  the  chance  for  film  entrance  condensation. 


Upon  entering  Fig.  V-4  with  ^  \f&  ~  2.34.  one  finds  i|»go  -  0.085.  From  this 

value  one  can  calculate  the  allowable  heat  transfer  anng  the  shaft  at 

bearing  exit,  qgfi.  First,  it  is  necessary  to  calculate  the  film  entrance 

"aturation  temperature.  With  Pc  -  153.5  psia  (from  previous  design 

calculations)  the  corresponding  saturation  temperature  is  360°F,  (From 

Fig.  V-5).  The  shaft  entrance  temperature,  T  ,  must  be  larger  by  say 

s  o 

10  F.  From  experience  with  supply  pressures  less  than  215  psig,  the 

jacketing  manifold  should  be  operated  at  20  to  30  psig  higher  than  the 

bearing  manifold,  yielding  a  temperature  difference  of  about  10°F.  In  this 

case  the  supply  pressure  and  corresponding  saturation  temperature  are 

214.7  psia  and  388°F  respectively.  Therefore,  the  jacketing  header  should 

be  supplied  with  condensing  steam  at  240  psia  with  a  corresponding 

saturation  temperature  of  T  «■  398°F.  Thus, 

m 

2tt  (rl-rh  k  (T  -T  ) 

2  1  s  m  so7 


*se 


f  L 
so 


‘se 


2tt  (22- 1, 6252)  (1.1)  (398-370) 
0.085  (4) 


q  =  772  Btu/hr. 

se 


If  the  temperature  difference,  (T  -T  ),  was  2.8°F  rather  than  28°F  then 

m  so 

one  would  have  to  house  the  bearing  assembly  and  allow  a  heat  loss  of 
only  77  Btu/hr.  In  actuality,  the  772  Btu/hr  heat  loss  would  be  easily 
satisfied.  On  the  other  hand,  the  77  Btu/hr  heat  loss  might  be  more 
difficult  to  satisfy.  The  final  result  will  probably  lie  between  772  and 
77  if  one  designs  with  the  unitized  bearing  and  encloses  the  entire  assembly 
from  the  ambient  air. 
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The  significance  of  the  functional  relationship  of  <|i  versus  —  VA, 

(Fig.  V-4)  ,  is  illustrated  by  the  following  example.  Suppose  that  was 

such  a  value  as  to  give  a  »  ten  times  that  of  above  -  thus,  i  ■  0.85  at 

s0  so  o 

r  VA  *=  1.0.  In  order  to  realize  a  temperature  difference,  (T  -  T  )  -»  28  F 
D  1  m  so 

the  allowable  heat  loss  would  then  have  to  be  ten  times  smaller,  or 
77  Btu/hr.  Practically  speaking,  this  probably  could  not  be  accomplished 
with  the  present  design  techniques  and  therefore  the  chance  of  condensation 
formation  leading  to  steam-hammer  instability  would  be  greatly  increased. 

The  thermal  design  is  in  satisfactory  agreement  with  the  bearing  design. 

The  bearing  and  shaft  base  material  should  be  either  410  or  416  stainless 
steel.  The  bearing  surfaces  should  have  a  chrome  carbide  coating  to 
protect  against  wear  and  erosion  damage.  In  our  experiences,  in  order  to 
get  good,  clean  edges  around  the  feeder  holes,  it  was  necessary  to  resort 
to  ultrasonic  drilling  of  the  chrome  carbide.  Another  method  that  has  been 
used  with  success  is  to  leave  a  circumferential  strip  of  base  material 
approximately  1/4  inch  wide  in  which  the  holes  may  be  drilled  by  normal 
means.  The  chrome  carbide  coating  extends  axially  cutward  from  this  strip. 

A  complete  summary  of  experimental  results  on  the  unitized  bearing  has  been 
written  in  Chapter  II  and  should  be  used  to  direct  this  design  and  future 
designs.  Most  important  is  to  include  a  steam  processing  unit  to  dry  the 
supply  steam  prior  to  entering  the  bearing  supply  header  and  to  provide 
for  effective  trapping  and  removal  of  separated  condensate  from  the  steam 
supply  and  the  jacketing  manifold.  A  commercially  available  processor  and 
two  other  processors  have  been  evaluated  and  reported  on  in  Chapter  IV. 

The  commercial  processor  is  recommended  for  use  in  the  present  design. 
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Thickness  of  wallof  item  "f",  in. 

Bearing  load,  lbs. 

3 

Weight  density,  lbs. /in. 

P  -P  ,  psi 
a  a 

Clearance  change,  in. 

Defined  by  Eqs.  U  and  5  in  Chapter  V 

■  «/C,  Journal  bearing  eccentricity  ratio 

■  6|jnd»^RT/ (P  C2),  restrictor  coefficient 

s 

2 

Gas  viscosity,  lbs. sec. /in. 

Poisson  s  ratio  (v  -  .3  for  steel);  Frequency,  rad. /sec. 

■  L/D,  journal  bearing,  single  plane  admission 

*  L^/D,  journal  bearing,  double  plane  admission 
Squeeze  number 

Defined  by  Eqs.  10  and  11  in  Chapter  V 

*  bearing 

*  film 

=*  jacketing  manifold 

*  shaft 

*  shaft  condition  at  iilm  exit 


so 


shaft  condition  at  film  entrance 
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INTRODUCTION 


i  i 


If  Che  vapor  is  maintained  dry  throughout  the  bearing,  lubrication  with  ateam 
is  no  different  than  gas  lubrication.  Experimental  meaaurementa  which  will  be 
deacribed  have  confirmed  this.  It  followa  that  one  approach  to  deaignlng 
ateam* lubricated  bearinga  is  dimply  to  superheat  the  supply  steam  and  keep  the 
bearing  environmental  temperature  well  above  the  saturation  temperature  of  the 
supply  steam.  If  these  conditions  are  met,  then  Che  available  design  data  for 
gas  lubricated  bearings  can  be  used  with  appropriate  values  of  the  physical 
properties  of  steam. 

In  some  machines,  this  is  an  entirely  feasible  approach.  However,  in  many 
others  it  is  not,  either  because  there  is  no  readily  available  supply  of  super* 
heated  steam,  or  because  some  parts  of  the  machine  will  be  at  temperature  well 
below  the  supply  steam  saturation  temperature.  For  these  cases,  the  effects  of 
condensation  .ithin  the  bearing  or  of  entrained  condensate  in  the  steam  supply 
must  be  considered.  Operation  with  condensation  is  important  also  for  all  steam¬ 
bearing  applications  where  the  machine  may  be  cold  on  initial  start-up  or  when 
"of?  design"  operating  conditions  may  result  in  lower  bearing  environmental 
temperatures . 

Steam  can  be  used  as  the  lubricant  for  either  self-acting  or  external’y- 
pressurized  bearings.  MTI  has  ccncent rated  on  externally-pressurized  bearings 
for  steam  lubrication  because: 

(a)  In  nearly  all  potential  applications,  steam  is  available  at  an 
elevated  pressure 

(b)  Much  higher  load  capacities  and  bearing  stiffnesses  are  obtainable 
with  external  pressurization  (unit  bearing  loads  can  be  about 

2b  percent  of  the  difference  ‘>etwcen  supply  and  ambient  pressures. 

This  would  amount  to  100  psi  or  n-oie  in  practical  designs). 

(c)  Pressure  generation,  and  hence  load  capacity,  in  hvdrcdvnami c  vapor  - 
lubricated  bearings  is  sharply  limited  by  condensation  When  the 


local  film  pressu-e  reaches  the  saturation  pressure,  the  vapor 
condenses  with  a  large  reduction  in  volume  which  inhibits  any 
further  pressure  rise.  (Load  capacities  of  self-acting  bearings 
would  be  of  the  order  of  10  psi  cr  less). 


Steam-lubrication  studies  at  Mil  began  with  an  investigation  of  the  effects  of 
sub-cooled  bearing  surfaces  on  the  performance  of  an  externally-pressurized 
thrust  bearing  model,  Ref.  11-1.  The  results  showed  adverse  effects  of  exten¬ 
sive  withdrawal  of  heat  from  the  film  in  the  form  of  reduced  stiffness  and  load 
capacity,  and  a  tendency  toward  instability  characterized  by  cyclic  fluctuations 
in  the  film  thickness.  It  should  be  emphasized  that  these  effects  were  the 
results  of  deliberate,  and  effective  efforts  to  cool  the  bearing  surfaces. 
Experiments  under  more  representative  conditions  and  some  exploratory  tests  on 
a  number  of  special  design  features  were  also  conducted  as  reported  below. 
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PERFORMANCE  Or  AN  ORIFICE  COMPENSATED  S1EAM- LUBRICATED  JOURNAL  BEARING  -  NO  SHAFT 
ROTATION 


In  orde'  to  investigate  the  problems  of  steam  lubrication  in  a  more  realistic 
bearing  configuration,  an  external  1 v- pressurized  journal  bearing  apparatus  was 
constructed,  Ref.  11-2.  Figure  1 1 - 1  illustrates  the  apparatus.  The  test  bear¬ 
ing  was  of  three  inch  diameter,  I/O  -  1,  with  two  rows  of  or  if  ice -res  tr  ic  te.d 
feeder  holes  (12  holes  in  each  r  ?w) .  Provision  was  included  to  heat  the  shaft 
internally  and  to  heat  the  bearing  externally  by  radiant  heaters.  Instrumenta¬ 
tion  was  provided  to  measure  p-essur<  s  and  temperatures  at  a  number  of  points 
including  the  film  and  supply  manifold  Inlet  steam  could  be  superheated,  it 
desired.  The  initial  scries  of  experiments  with  the  orifice  compensated  bearing 
brought  out  the  following  major  conclusions- 

1 .  With  superheated  or  drv  inlet  steam  and  bearing  and  shaft  surfaces 
above  supply  pressure  saturation  temperature 

The  bearing  behaved  as  a  gas  -  1 ubr i ca ted  bearing.  In  Fig.  II-2 
experimental  stiffness  and  flow  data  are  compared  with  theoretical 
results  obtained  from  gas  bearing  design  data  (Ref.  II-3) .  The 
agreement  is  representative  ot  that  obtained  with  gas- lubricated 
bear ings . 

2 .  With  shaft  and  beating  surface  at  or  slightly  below  saturation 
temperature  at  supply  pressure 

The  stiffness  and  flow  of  the  bearing  did  not  agree  closely  with 
the  theoretical  results  from  the  gas-bearing  data.  Small  amplitude 
motions  of  the  shaft  within  the  bearing  clearance  occuired  at  random 
intervals  The  amplitude  of  the  motion  was  on  the  order  of  0.2  of 
the  radial  clearance.  The  displacement  was  of  short  duration  with 
the  shaft  quickly  returning  to  its  equilibrium  position.  Fig.  11-3 
shows  the  outputs  of  capacitance  probes  which  measure  the  locus  of 
the  shaft  center  with  respect  to  the  bearing  center  during  one  of  those 
disturbances.  The  full  bearing  clearance  is  equal  to  4.1  large  divi¬ 
sions  on  the  vertical  scale  An  audible  hissing  sound  of  brief  duration 
accompanies  this  effect  and  for  this  reason,  the  phenomenon  is  referred 
to  as  "spitting". 
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Fig.  XI-3  Small  Amplitude  Shaft  Motion  Associated  with  "Spitting" 


1)  The  traces  are  the  outputs  of  capacitance  probes  located 
90  degrees  apart  and  45  degrees  from  the  direction  of 
steady-state  .load. 

2)  Horizontal  time  base  sweep  rate  »  20  it  sec/large  div. (left  to 
right),  vertical  scale  -  0.5  mlls/iarge  div.,  bearing  clearance  • 
4.1  large  div. 

3)  Pg  •  65  psig,  W  ”  20  lb. 
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Bearing  supply  manifold  pressure  >  35  psig 
Bearing  temperature  -  280°! 

Shaft  temperature  -  205 
Bearing  load  \  20  lbs 
Inlet  steam  wet  -  T  -  280 


Fig.  II-4  Instability  "Orbit"  -  Wet  Steam  with  Metal  Temperature  Below  T 
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3 .  With  shaft  and  bearing  temperatures  more  than  a  few  degrees  below 
saturation  temperature  at  supply  pressure 

Operation  under  these  conditions  resulted  in  violent  instabiH^v 
hammer.  Figure  11-4  shows  the  shaft  motion  in  the  bearing  clearance 
when  the  bearing  was  hammering.  The  shaft  motion  occupied  entire 
bearing  clearance  and  the  vibration  was  so  violent  that  there  appeared 
to  be  a  danger  of  damage  to  the  bearing  surface. 

These  results  were  somewhat  discouraging  since  they  suggested  that  reliable, 
stable  operation  required  dry  vapor  and  bearing  and  shaft  temperatures  exceeding 
the  saturation  temperature  of  the  supply  steam.  Unless  other  means  of  preventing 
or  attenuating  hammer  were  found,  this  would  mean  that  the  bearing  area  must  be 
preheated  for  start-up;  and  that  for  operation,  additional  heat  must  be  supplied 
from  the  environment,  or  from  some  external  source  such  as  electric  heaters. 
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INVESTIGATION  OF  INSTABILITIES  RELATED  TO  CONDENSATION.  AND  PREVENTIVE  MEASURES 

Next,  a  brief  series  of  experiments  were  performed  for  the  purpose  of  investiga¬ 
ting  the  instabilities  associated  with  condensation,  Ref  II-4.  It  was  hoped 
that  these  instabilities  could  be  avoided  without  having  to  rely  on  external 
heaters  or  limiting  steam  bearing  appl  icaf.ions  to  situations  with  high  superheat 
or  high  temperature  environments.  For  this  purpose,  several  significant  changes 
in  the  test  bearing  were  made:  < 1  <  inherent  compensation  was  used  in  place  of 
the  orifices  which  had  been  used,  and  /2'  a  mechanical  moisture  separator  was 
installed  in  the  steam  line  just  ahead  of  the  b°aring  inlet. 

Inherent  compensation  was  known  to  effectively  eliminate  hammer  instability  in 
gas- lubricated  bearings.  It  was  clear  that  steam  hammer  instability  is  not  the 
same  as  air  hammer  (since  steam  hammer  was  clearly  associated  with  condensation 
and  did  not  occur  when  operating  at  temperatures  above  the  saturation  temperature). 
Nevertheless,  it  seemed  reasonable  to  attempt  to  avoid  steam  hammer  by  applying 
steps  which  were  known  to  be  effective  against  air  hammer.  The  moisture 
separator  was  added  because  it  was  recognized  that  there  was  a  finite  moisture 
content  in  the  supply  steam  when  the  superheater  was  not  in  use. 

These  steps  were  effective  and  steam  hammer  instability  was  encountered  only 
briefly  during  temperature  transients  following  starts  from  room  temperature.  At 
the  time,  this  was  attributed  to  the  use  of  inherent  compensation.  Subsequent 
experimental  observations  stronglv  suggest  that  the  moisture  separator  was  also  a 
critical  factor  in  this  improved  performance.  Moreoever,  the  experiments  had 
all  been  performed  with  just  one  steam  supply  pressure  (65  psig)  and  it  was  re¬ 
cognized  that  the  prob lem  cou  Id  reappear  at  higher  pressures. 


*In  an  inherently  compensated  bearing  the  principal  restriction  to  flow  from 
the  feeder  holes  to  the  film  occurs  at  the  annular  "curtain"  formed  by  the 
circumference  of  the  feed  hole  and  the  bearing  clearance.  The  feed  hole  cross 
section  shown  in  Fig.  1 1 - 5  is  inherently  compensated.  An  orifice  compensated 
feed  hole  would  have  an  orifice  restriction  just  ahead  of  the  entrance  from 
the  feed  hole  to  the  film  and  the  print  ipai  restriction  to  flow  would  occur  at 
the  orifice.  Inherent  compensation  reduces  the  obtainable  stiffness  of  Che 
bearing  bv  about  3G  percent  but  this  can  be  otfset  by  increasing  Che  bearing 
area  or  raising  the  supply  pressure. 
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The  inherently  compensated  bearing  continued  to  be  subject  to  small  amplitude, 
spitting  instability.  By  separately  varying  the  external  heat  applied  by 
heaters  located  in  the  shaft  and  in  the  bearing  manifold,  the  relationship 
between  temperatures  at  various  points  in  the  bearing  and  shaft  and  the  onset  of 
spitting  were  established.  It  became  clear  that  spitting  is  associated  with 
subcooled  walls  of  the  bearing  supply  manifold.  Large  droplets  of  water  formed 
by  condensation  on  the  manifold  walls  occasionally  become  entrained;  entered  a 
single  feed  hole;  and  momentarily  plug  the  restrictor  resulting  in  a  transient 
asymmetrical  film  pressure  distribution.  Ihe  shaft  responds  by  moving  toward 
the  pl"gged  restrictor  then  returning  as  the  momentary  stoppage  clears.  Spitting 
can  be  avoided  by  heating  or  insulating  the  manifold  walls  so  that  steam  does 
not  condense  on  them. 

Aside  from  a  momentary  reduction  in  load  capacity  (assuming  the  plugged  restric¬ 
tor  is  on  the  loaded  side  of  the  bearing),  spitting  does  not  appear  to  represent 
a  serious  hazard  to  bearing  operation.  It  is  possible,  that  there  will  be  addi¬ 
tional  consequences  related  to  shaft  rotation  but  there  is  not  apparent  reason 
to  expect  any  significant  difference.  Nevertheless,  it  is  obviously  desirable 
to  prevent  spitting  and  if  possible,  to  do  so  without  having  to  resort  to  ex¬ 
ternal  heaters  in  the  bearing  manifold. 

During  the  experiments,  attempts  were  made  to  cod  the  shaft  enough  to  condense 
steam  within  the  film.  Cold  air  was  bl  >wn  through  the  renter  of  the  hollow  shaft 
with  no  detectable  ettect  on  performance.  The  shaft  surface  temperature  was  re¬ 
duced  bv  only  4-6  degrees  showing  that  the  shaft  surface  is  closely  coupled, 
thermally,  to  the  steam  film.  This  was  encouraging  for  it  indicates  that  the 
shaft  outside  the  hearing  can  be  considerably  cooler  than  the  steam  saturation 
temperature  without  serious  ' onsequpnc es  . 
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PERFORMANCE  OF  THE  "UNITIZED  STEAM  BEARING" 

The  most  recent  experimental  work  considered  bearing  designs  which  are  uauahie 
with  a  saturated  or  high  quality  steam  supply  and  without  the  necessity  for  ex¬ 
ternal  heat  sources,  Ref.  II-5.  All  of  the  experiments  were  performed  with  the 
test  bearing  housing  and  the  shaft,  outside  the  test  bearing  housing,  exposed 
to  a  room  tempe.rature  environment.  The  available  energy  of  the  supply  steam  is 
the  source  of  heat  to  dry  or  superheat  the  steam  feeding  the  bearing  film  and 
3 1  so  to  control  the  temperature  environment  of  the  bearing.  This  approach  is 
referred  to  as  the  "Unitized  Steam  Eearing"  concept. 

Description  of  Bearings 

Three  test  bearings  were  used  in  the  experiments,  referred  to  as  configurations 
A,  B,  and  C.  The  first  two  were  modifications  of  the  same  bearing  and  the  same 
steam  supply  system  was  used  for  both.  Bearing  C  was  a  new  design  with  different 
arrangements  for  steam  supply,  including  some  differences  in  the  external  piping 
All  three  bearings  are  externally-pressurized  journal  bearings  of  U  inch  diameter 
and  slenderness  ratio  (L/D)  of  1.0.  Also,  all  three  have  inherently  compensated 
restrictors . 

A  cross  sectional  view  of  bearings  A  and  B  is  shown  in  Figure  1 1  -  5 .  These  bear¬ 
ings  have  two  rows  of  feeding  restrictors,  each  located  at  L/i  from  the  bearing 
ends.  They  feature  a  dual  steam  header  system  with  inner  hns-'urs  which  supply 
steam  to  the  feed  holes  and  an  outer  header,  covering  most  of  the  bearing  length. 
The  outer,  or  jacketing,  header  is  intended  to  supply  the  heat  load  represented 
by  conduction  across  the  flexible  mount  to  the  housing,  convection  to  the  environ¬ 
ment,  and  by  conduction  across  the  clearance  space  to  the  shaft  with  conduction 
along  the  shaft.  The  objective  was  to  supply  this  heat  load  by  condensation  of 
the  steam  in  the  jacketing  header  with  the  least  possible  heat  loss  from  the 
rteam  in  the  inner,  supply  headers.  The  reason  for  this  was  to  avoid  condensa¬ 
tion  in  the  inner  header  since  this  had  been  related  to  the  "spitting"  instabil¬ 
ity  problem  in  the  preliminary  journal  bearing  tests,  (Ref.  Steam  and 

condensate  were  vented  from  the  jacketing  header  to  the  housing  cavity  frc>m  a 
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Fig.  11*5  Schematic  Diagram  of  a  Dual  Manifold  Double  Adalaalon  Plane 
Steam  Journal  Bearing 
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Fig.  11*6  Schematic  Diagram  of  a  Dual  Manifold  Single  Admlaalon 
Plane  Steam  Journal  Bearing 


fixed  orifice  (0.040  dia.)  located  on  one  end  of  the  lowest  point  on  the  jacket¬ 
ing  header.  Inner  and  outer  headers  were  supplied  with  steam  from  the  supply 
line  and  pressures  in  both  headers  were  equal. 

The  significant  design  parameters  of  bearings  A  and  B  are: 

Bearing  Clerance  (in.)  -  1.1  x  10  J  (Bearing  A) 

2.0  x  10*3  (Bearing  B) 

Restrictors  -  Two  rows  of  0.055  in.  dia. 

holes,  15  holes  per  row 

The  only  difference  between  bearings  A  ana  B  is  the  clearance. 

A  cross  section  of  bearing  C  is  shown  in  Figure  II-6.  This  bearing  has  a  single 
row  of  feedholes  and,  like  the  others,  a  dual  header  arrangement.  However,  in 
this  bearing  the  inner,  supply,  header  and  the  outer,  jacketing,  header  are 
supplied  with  steam  from  separate  lines  and  they  are  sealed  so  that  it  <3  pos¬ 
sible  to  operate  with  different,  independently  controlled,  pressures.  The 
bearing  design  parameters  are: 

Clearance  (C)  -  2.0  x  10  3  in. 

Restrictors  -  One  row  of  16  holes,  0.100  in.  dia. 

Operation  with  Unprocessed  Steam  Supply  (Bearings  A  and  B) 

Bearings  A  and  B  were  operated  over  a  range  of  supply  pressures  from  90  to  200 
psig.  In  general,  steam  hammer  occurred  at  the  lower  end  of  the  pressure  range 
(for  Bearing  A,  less  than  150  psig;  for  Bearing  B,  less  than  120  psig)  and 
operation  was  stable  at  higher  pressures,  up  to  200  p3ig.  The.  conditions  of  the 
tests  were  zero  load  and  with  the  shaft  stationary  or  rotated  slowly  (about  400 
rpm).  The  operation  was  described  as  unstable  if  there  were  any  periods  of 
hammer  during  several  separate  experiments  (other  than  possibly  a  brief  period 
of  hammer  immediately  following  the  transient  associated  with  the  change  to  a 
higher  supply  pressure  and  which  stopped  of  its  own  accord  as  temperature 
equilibrium  was  approached).  Frequently,  hammer  occurred  not  as  a  sustained, 
continual  vibration  but  instead  as  invcrvals  separated  by  periods  of  stable 
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There  are  a  large  number  of  effects  of  changing  the  supply  pressure  including 
those  on  flow  and  on  the  thermal-hydraulic  environment  of  the  bearing  (that  is, 
the  relationships  between  bearing  metal  temperature  and  steam  conditions  at  vari¬ 
ous  points  in  the  bearing).  Ther»  was  an  effect  of  supply  ptessure  on  the  quality 
of  the  supply  steam  (based  on  calorimeter  measurements)-  The  moisture  fraction 
present  in  the  steam  at  the  bearing  inlet  was  significantly  greater  at  low  supply 
pressures.  Probably  this  was  a  manifestation  of  the  change  in  flow  rate  through 
the  steam  lines.  This  change  in  steam  quality  with  supply  pressure  is  the  most 
straightforward  explanation  of  the  transition  from  unstable  to  stable  operation 
with  increasing  supply  pressure.  Moreover,  the  experiments  with  bearing  C  showed 
a  similar  relationship  between  calorimeter  measurements  and  stability. 

The  increased  clearance  of  bearing  B  which  was  the  only  known  difference  from 
bearing  A  had  a  small  favorable  effect  on  stability.  There  was  an  appreciable 
increase  in  flow  as  a  result  of  the  clearance  change.  On  first  consideration, 
this  might  appear  to  -esult  in  higher  bearing  and  shaft  temperatures,  and  hence 
in  less  tendency  towari  instability.  However,  the  thermal  analysis  (Ref.  II-6) 
indicates  that  this  effect  is  not  very  $  ->ificant because  of  the  dominance  of 
conduction  from  the  jacketing  header  through  the  bearing  wall  and  across  the  thin 
bearing  film  as  the  means  of  supplying  the  shaft  heat  load.  Unfortunately,  calo¬ 
rimeter  data  were  not  obtained  with  bearing  A.  However,  one  can  hypothesize  that 
the  increased  flow  of  tc  :r  ir  i  gave  better  stability  characteristics  because  it 
resulted  in  higher  supply  steam  quality. 

Operation  With  Steam  Processing  (Bearing  Cl 

Bearing  configuration  C  (Figure  II~6)  was  designed  with  supply  and  jacketing  head¬ 
ers  which  are  supplied  from  separate  steam  supply  lines  and  which  are  sealed  so 
that  it  is  possible  to  operate  with  different  pressures  in  the  two  headers.  In 
addition,  a  steam  processor  (identified  as  processor ,  ,  in  Chapter  TV  of  this 

manual),  was  installed  in  the  steam  supply  system  with  provision  for  throttling 
the  steam  for  tha  supply  neader  followed  by  reheat  using  the  othrottled  supply 
for  the  jacketing  header  as  the  heat  source.  From  the  processor  to  t.ie  bearing, 
the  steam  flows  through  concentric  suppiy  tubes  with  the  supply  header  steam  in 
the  inner  tube  and  the  jacketing  header  supply  outside.  These  changes  were  made 
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to  permit  experimental  determination  of  the  extent  to  which  drying  or  superheat* 
ing  of  the  steam  supply  was  necessary  to  prevent  steam  hammer.  A  single  row 
of  restrictors  was  used  in  the  bearing  to  gain  experience  with  this  design  and 
because  it  simplified  the  problem  of  separating  and  sealing  the  supply  and 
jacketing  headers. 

The  results  of  the  stability  investigation  with  bearing  C  and  the  steam  processor 
are  given  in  Table  II-l.  The  test  procedure  was  to  begin  with  a  set  jacketing 
header  pressure  and  with  the  supply  header  steam  throttled  to  a  lower  pressure 
(usually  10  to  20  psig  below  the  jacketing  header  pressure).  The  supply  header 
pressure  was  then  raised  in  increments  until  hammer  occurred  or  until  the  pres* 
sures  were  equal  in  both  headers  If  the  bearing  remained  stable  with  equal 
header  pressures,  the  jacketing  header  supply  was  throttled,  reversing  the  header 
pressure  difference.,  by  small  increments  (usually  5  psi)  until  hammer  did  occur. 
The.  most  extreme,  conditions  for  stability  and  the  ''onditions  at  which  hammer  was 
first  encountered  a^e  given  in  Table  iL-1. 

These  results  were  obtained  with  zero  load  and  low  speed  (400  rpm)  shaft  rota¬ 
tion.  The  results  are  consistent  with  those  obtained  with  bearings  A  and  B  in 
that  they  show  a  greater  tendency  toward  hammer  when  operating  with  low  supplv 
presssures.  With  higher  supply  pressures,  the  bearing  remained  stable  not  only 
with  equal  pressures  in  both  headers,  but  even  with  an  inverted  pressure  difference 
so  that  the  supply  steam  in  the  processor,  in  the  supply  line  and  within  the 
bearing  was  actually  losing  heat  to  the  jacketing  steam. 

There  is  a  good  correlation  between  the  stability  limits  and  measured  steam 
quality  -  at  lower  pressures  the  dividing  line  is  about  99  percent  and  at 
higher  pressures  it  is  about  98. S  percent.  This  is  generally  consistent  with 
the  results  with  bearing  b.  Even  allowing  for  the  possibility  of  error  in  the 
quality  measured  by  calorimeter,  it  is  apparent  that  it  is  possible  to  have 
stable  operation  with  a  small  (one  to  two  percent)  moisture  fraction  in  the  supply 
steam.  Certainly  some  moisture  fraction  must  be  present  when  operating  with  the 
supply  header  pressure  equal  to,  or  lower  than  the.  jacketing  header  pressure. 
Stability  under  che.se  conditions  is  probably  dependent  on  a  favorable  thermal- 
hydraulic  environment  within  the  bearing. 
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Bearing  C  was  operated  also  with  the  spiral -finned  heater  removed  from  the  inner, 
bearing  supply,  section  of  the  steam  processor.  This  was  done  to  establish  the 
effect  of  the  spinning  action  which  It  imparted  to  the  flow  together  with  the 
resulting  lengthening  of  the  steam  flow  path  through  the  processor.  With  the 
heater  removed,  supply  steam  processing  was  limited  to  throttling  with  separa¬ 
tion  due  to  the  alow  flow  up  through  the  inner  pipe.  Heat  transfer  calculations 
indicated  that  there  should  be  very  little  reheat  with  the  shortened  flow  path. 
Table  II-2  shows  results  for  this  steam  supply  arrangement  presented  in  the  same 
manner  a3  the  previous  results  with  the  complete  processing  system. 


Without  the  spiraling  flow  and  lengthened  flow  path,  it  was  necessary  to  operate 
with  some  throttling  of  the  bearing  steam  supply  in  order  to  have  stable  opera¬ 
tion.  However,  the  amount  of  pressure  drop  from  jacketing  to  supply  headers 
which  was  necessary  is  quite  small.  Again,  there  appears  to  be  a  correlation 
between  supply  steam  quality  and  stability  and  again  the  appaient  boundary  for 
stability  is  a  small  fraction  moisture  content.  In  this  case,  the  critical  mois¬ 
ture  fraction,  according  to  the  calorimeter  measurements,  is  lower  than  it  was  in 
the  previously  described  experiments.  Hammer  occurred  with  more  than  0.5  to  0.8 
percent  measured  wetness. 


Effective  separation  and  trapping  (drainage)  of  moisture  in  the  steam  supply 
ahead  of  the  bearing  inlet  were  clearly  important  to  bearing  stability.  Bearing 
C  could  be  operated  stably  with  supply  pressures  equal  to  or  slightly  lower  than 
the  jacketing  header  pressure  when  the  spiral-path  processor  was  used.  With 
the  straight-path  processor,  the  supply  pressure  had  to  be  lower  than  the  jacket¬ 
ing  header  pressure  for  stability.  The  difference  clearly  is  not  due  to  reheat 
with  the  spiral-path  processor  since  the  supply  steam  should  lose,  not  gain  heat 
when  the  pressures  are  inverted.  However,  .he  swirling  motion  imparted  to  the 
steam  by  the  spiral  path  should  result  in  more  effective  separation  of  moisture 
and  this  is  regarded  as  the  probable  explanation  for  the  superior  performance 
with  the  spiral-path  processor. 


TABLE  II- 1 


STABILITY  LIMITS  FOR  BEARING  C  USING  STEAM 
PROCESSOR  WITH  SPIRALING  INNER-TUBE  FLOW  PATH 


of  Operation 

Supply  Header 
Pressure, psig 

Jacketing  Header 
Pressure, psig 

Measured  Steam 
Quality , Percent 

Stable 

55 

60 

99.1 

Unstable 

60 

60 

98.8 

Stable 

80 

80 

99.3 

Unstable 

80 

75 

99.2 

Stable 

100 

100 

99.3 

Unstable 

100 

95 

98.3 

Stable 

125 

125 

98.7 

Unstable 

125 

120 

98.3 

Stable 

150 

145 

98.2 

Unstable 

150 

140 

97.9 

Stable 

175 

170 

98.7 

Unstable 

175 

165 

97.8 

Stable 

225 

225 

99.5 

Unstable 

225 

220 

98.0 
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PROCESSOR  WITH  STRAIGHT  INNER  TUBE  FLOW  PATH 


Mode  of  Operation  Supply  Header  Jacketing  Header  Measured  Steam 

Pressure,  psig  Pressure,  psig  Quality, Percent 

_ Dry  Steam 


Stable 

75 

80 

99.2 

Unstable 

78 

80 

99.0 

Stable 

115 

125 

99.6 

Unstable 

120 

125 

99.5 

Stable 

170 

175 

99.5 

Unstable 

174 

175 

99.3 

Stable 

220 

225 

99.5 

Unstable 

225 

225 

99.3 
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For  moisture  separation  to  be  effective,  it  Is  necessary  to  trap  or  drain  the 
separated  liquid  from  the  system  in  order  to  prevent  reentrainment.  Ordinarily, 
this  was  done  from  the  drain  line  at  the  bottom  of  the  processor  inner  section 
by  connection  to  a  steam  trap  (this  is  a  float-controlled  valve  which  opens 
to  discharge  water  when  the  accumulation  reaches  a  certain  level  and  then  closes 
to  keep  steam  from  escaping)  When  the  drain  was  closed  by  a  valve  in  the  line, 
there  was  a  significant  and  detrimental  effect  on  stability.  With  the  straight- 
path  processor,  instability  began  almost  immediately  and  persisted  until  the 
drain  was  reopened,  whereupon  stable  operation  resumed  almost  immediately.  It 
should  be  noted  that  the  steam  enters  the  inner  processor  section  very  close 
to  the  bottom,  about  1/4  inch  above  tbs.  drain,  so  reentrainment  would  begin  very 
quickly  when  the  drain  was  closed 

Stability  limits  were  determined  experimentally  for  the  spiral-path  processor 
with  the  drain  closed.  Tt  was  necessary  to  operate  with  as  much  as  from  10  to 
35  psi  throttling  of  the  supply  steam  in  order  to  avoid  hammer  when  the  drain 
was  closed.  Supply  steam  quality  measurements  do  not  correlate  nearly  as  well 
with  bearing  stability  in  this  case  as  they  did  in  the  other  experiments.  There 
is  much  more  variation  in  the  measured  quality  at  the  stability  boundary,  and 
for  several  conditions  the  calorimeter  indicated  some  superheat  at  the  boundary 
conditions . 

The  effectiveness  of  moisture  separation  in  a  vertical,  rising  section  of  supply 
line  with  condensate  removal  through  a  trap  at  the  bottom  was  shown  also  during 
experiments  with  bearing  B  in  which  water  injection  was  used  to  reduce  the  steam 
quality  A  description  of  the  results  of  this  experiment  follow. 

Operation  With  Very  low  Steam  Quality 

Th»  measured  quality  of  the  steam  as  it  came  from  the  steam  generator , separator 
without  processing  was  consistently  between  97  and  99  percent  dry  steam.  The 
eftects  ot  reduced  steam  quality  wre  investigated  with  bearino  B.  Water  was 
injected  into  the  steam  supply  under  pressure  through  an  oil  burner  spray  nozzle. 
There  was  virtually  no  effect,  either  on  the  calorimeter  or  on  bearing  stability, 
even  with  water  injected  at  a  rate  ot  as  much  as  20  lb/hr  witli  a  bearing  flow 
rate  of  about  80  tb/hr  (150  psig  supply  pressure!  with  effective  draining  and 
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Crapping.  Evidently  the  water  was  being  separated  from  the  steam  in  Che  vertical 
section  of  line  below  the  calorimeter  sampling  point,  and  being  drained  through 
the  trap  at  the  bottom.  The  vertical  line  was  3/4  inch  pipe  so  the  flow  velocity 
was  low,  about  2.2  ft/aec.  When  the  drain  to  the  trap  was  valved  off,  water 
Injection  was  quite  effective  and  the  bearing  became  unstable  as  soon  as  water 
injection  was  started.  The  minimum  rate  of  water  injection  resulted  in  a  drop 
in  measured  quality  from  98  7  to  97.3  percent  (200  pslg  pressure).  The  bearing 
hammered  continuously  and  violently  with  water  injection  up  to  a  rate  which 
lowered  the  measured  quality  to  oi  below  94.2  percent  (at  this  point,  the 
calorimeter  temperature  reaches  2L2F  and  will  go  no  lower). 

Bearing  C  (spiral  flow  path  processor)  was  also  operated  with  very  low  quality 
steam  at  150  psig  supply  pressure  In  this  case,  the  quality  was  lowered  by 
progressively  lowering  the  jacketing  pressure,  which  also  effects  the  bearing 
temperatures.  Again,  there  was  continuous  and  violent  hammer  for  all  conditions 
of  steam  quality  below  the  stability  limit  down  to  the  lower  limit  of  the  test, 
which  was  96  percent. 

KlastjL  of  Steady-State  Load 

Bearings  A,  B  and  C  were  all  operated  order  widely  varying  conditions  of  steady 
state  load  during  the  investigation  of  steam  hammer  instability.  Consistently, 
there  was  very  little,  if  any  effect  of  load,  either  in  the  direction  of  inducing 
hammer  with  an  otherwise  stable  bearing,  or  in  the  direction  of  stabilizing  a 
bearing  which  was  hammering. 

Effecta  of  Shaft  Rotation 

When  operating  at  conditions  which  were  marginal  for  hammer  (occasional  brief 
periods  of  hammer  with  stable  operation  most  of  the  time),  hammer  could  fre¬ 
quently  be  induced  by  rotating  the  shaft,  or  even  by  turning  it  a  few  degrees  by 
hand.  However,  there  was  no  effect  of  rotstion  when  operating  at  conditions 
which  clearly  resulted  in  stability  at  zero  or  low  speed  rotation. 
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Bearing  B  was  operated  with  shaft  rotation  at  speeds  up  to  4000  rpm  with  supply 
pressures  of  150,  175  and  200  psig,  with  and  without  rotating,  unbalance  load. 
Bearing  C  with  the  spiral  flow  path  processor  was  operated  at  speeds  up  to 
3950  RPM  with  supply  pressures  of  145  and  115  pslg.  There  was  no  sign  of  hammer 
instability,  or  any  other  operating  problem  during  these  experiments. 

Operation  Purina  Periods  of  Transient  Conditions 

A  change  in  the  supply  or  jacketing  header  pressures  results  in  a  period  of 
transient  change  in  temperature  of  the  steam  supply  lines  and  processor  and  of 
the  bearing,  shaft  and  housing.  There  is  cause  for  concern  over  the  possible 
effects  of  an  upward  change  in  pressures  especially,  since  this  results  tempor¬ 
arily  in  subcooled  line  and  bearing  wall  temperatures.  Similarly,  there  is  a 
possible  problem  of  initial  startup  of  a  cold  machine. 

Initial  startup  from  room  temperature  of  bearings  A  and  B  invariably  resulted  in 
a  transient  period  of  hammer  instability  while  the  steam  line,  bearing  and  shaft 
surfaces  came  up  to  temperature.  Assuming  that  the  supply  pressure  was  in  the 
range  for  stable  operation  at  equilibrium,  the  transient  hammer  period  was  typic 
ally  shorter  than  five  minutes.  There  were  no  apparent  ill  effects  of  such 
periods  of  hammer  on  the  bearing  or  shaft.  However,  rotation  of  the  shaft  is 
clearly  not  advisable  during  this  time. 

Bearing  C  was  started  by  first  introducing  steam  to  the  jacketing  header  only, 
to  preheat  the  supply  lines  bearing  and  shaft.  This  usually  took  above  five 
minutes  and  then  the  supply  steam  was  admitted  a£  a  pressure  which  was  15  to 
20  psl  below  the  jacketing  pressure.  The  bearing  would  lift  immediately  and 
there  was  never  any  sign  of  hammer. 

Step  changes  upward  in  supply  pressure  sometimes  resulted  in  brief  periods  of 
hammer  with  bearings  A  and  B.  The  effect  was  investigated  specifically  with 
bearing  B  by  making  a  series  of  step  changes  in  supply  pressure  about  an  equil¬ 
ibrium  operating  point.  The  results  indicated  that  lsrge  excursions  in  supply 
pressure  may  cause  transient  hammer,  but  small  perturbations  such  as  might  be 
expected  in  a  reasonably  well  regulated  supply  system  do  not  appear  to  be  a 
pt  oblem . 
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Operating  experience  with  bearing  C  was  consistent  with  this.  Pressure  changes 
in  going  from  one  operating  point  to  another  did  not  cause  hammer.  Generally 
these  changes  were  made  beginning  with  a  favorable  pressure  difference  between 
jacketing  and  supply  headers  (typically  10-15  psi).  The  regulated  pressure  was 
then  increased  raising  both  the  jacketing  and  supply  pressures.  The  change  was 
generally  made  within  a  few  seconds. 

These  observations  indicate,  that  bearing  stability  is  not  sensitive  to  small 
perturbations  in  supply  pressure  and  normal  regulation  of  the  steam  pressure 
is  adequate.  During  the  thermal  transient  which  follows  a  change  in  steam 
pressures,  the  supply  header  and  fe.edhole  walls  are  subcooled.  For  moderate 
changes  in  pressure,  this  did  not  result  in  instability. 

Bearing  Performance  Under  Stable  Operating  Conditions 

For  obvious  reasons,  measurements  of  the  performance,  characteristics  of  the  bear¬ 
ings  were  made  only  under  stable  operating  conditions. 

Bearing  stiffness  was  measured  by  applying  steady-state  load  in  increments  and 

measuring  the  change  in  locus  of  the  journal  axis  within  the  bearing  clearance. 

The  shaft  was  rotated  at  about  400  rpm  during  these  measurements.  Results  of 

the  stiffness  measurements  are  shown  in  Fig.  II-7  with  calculated  results.  The 

agreement  is  reasonably  good  and  is  generally  typical  of  agreement  between  theory 

and  experiment  for  externally-pressurized,  gas-lubricated  bearings.  The  measured 

stiffnesses  are  nearly  always  lower  than  the  calculated  values  and  there  is  a 

trend  toward  Increasing  disparity  at  high  pressure  ratios.  This  effect  is  most 

noticeable  with  bearing  B  where  the  measured  results  actually  indicate  a  slight 

reduction  in  stiffness  beyond  P  /P  of  about  13.  This  trend  of  the  static 

s  a 

load/deflection  measurements  was  confirmed  by  measurements  of  orbit  dimensions 
when  operating  bearing  B  with  rotating  unbalance  load.  The  orbit  diameter  for 
4000  rpm  with  1.4  in  oz.  unbalance  decreased  with  increasing  P  /P  up  to  a 

8  fl 

value  of  11  and  beyond  this  it  remained  constant,  within  the  accuracy  of  measure¬ 
ment. 

The  load-deflection  curves  were  very  nearly  linear  up  to  eccentricities  of  at 
least  0.6.  There  was  no  evidence  of  a  lock-up  effc  t,  or  a  significant  reduction 
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in  stiffness,  even  beyond  this  eccentricity.  Normal  design  practice  for 
externally  pressurized  bearings  is  to  limit  eccentricity  ratios  to  about  0.5 
or  lower. 

Measured  and  calculated  bearing  flows  were  compared.  The  meaningful  flow  data 
were  limited  by  the  fact  that  there,  were,  one  or  more  places  where  steam  was 
vented,  in  addition  to  the  bearing  film  itself,  and  the  flow  meter  mear.ured  the 
total  flow.  The  data  for  bearing  B  was  obtained  by  replacing  the  fixed-orifice 
vent  on  the  jacketing  header  with  a  throttling  valve.  The  valve  was  closed 
briefly  to  obtain  a  measurement  of  the  bearing  flow.  The  measured  and  calculated 
results  compared  extremely  well  (Fig.  11-8).  Again,  this  is  typical  of  experi¬ 
ence  with  gas-lubricated  bearings  -  agreement  between  measured  and  predicted 

flow  results  are  better  than  the  agreement  for  stiffness  results. 

Flows  were  measured  for  bearing  C  with  the  jacketing-header  vent  open  and 
some  additional  venting  from  the  bottom  of  the  jacketing  section  of  the  processor 
(this  would  not  be  necessary  if  a  trap  were  used),  and  with  the  calorimeter  in 
use.  Under  these  conditions,  the  total  flows  were  roughly  1.5  times  the  calcu¬ 
lated  bearing  flows.  It  is  probably  reasonable  to  expect  total  flows  of  about 
1.2  to  1.5  times  the  calculated  bearing  flow  for  the  dual  header  bearing  design. 

Summary  of  Results  of  the  Unitized  Steam  Bearing 

The  experiments  have  shown  that  unitized  steam  lubricated  bearings  can  be 
operated  stably  from  a  high-quality  steam  source  in  a  low  temperature  environ¬ 
ment.  Stable  operation  has  been  demonstrated  for  supply  pressure  ratios, 

(P  /P  )  from  3  to  15  and  for  a  broad  range  of  conditions  of  steady-state  and 
dynamic  load  and  speed. 

To  insure  stability,  it  is  necessary  to  maintain  a  moisture-free  supply  of 
steam  at  the  restrictors.  The  following  bearing  design  and  steam  supply  system 
features  have  been  found  effective  for  this  purpose. 
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1 .  Provision  for  satisfying  the  environmental  and  shaft  heat  loads 
from  a  source  other  than  the  bearing  film  supply  steam. 

A  dual  header  arrangement  in  which  there  is  an  outer,  jacketing 
header  and  an  inrer,  supply  header  has  been  found  to  be  effective 
for  this  purpose.  The  latent  heat  of  steam  within  the  jacketing 
header  satisfies  the  environmental  and  shaft  heat  loads.  Tempera¬ 
ture  measurements  and  thermal  analysis  have  shown  that  the  shaft 
is  heated  by  conduction  from  the  jacket  through  the  bearing  wall 
and  across  the  thin  bearing  film.  With  the  jacketing  header,  the 
bearing  film  is  essentially  isothermal.  Calculated  bearing  and 
shaft  wall  temperatures  are.  consistently  above  the  saturation 
temperature  of  the  steam  at  (calculated  restrictor  exit  pressure) 
indicating  that  there  was  no  condensation  within  the  bearing  film. 

A  thermal  analysis,  similar  to  that  described  in  Ref.  11-6  for  the 
test  bearings,  should  be  performed  as  part  of  steam-lubricated 
bearing  design  analysis.  Based  on  current  understanding,  suitable 
thermal-hydraulic  criteria  for  bearing  design  are:  (a)  maintain 
bearing  wall  and  shaft  temperatures  above  the  saturation  temperature 
of  the  steam  at  the  restrictor  exit,  and  (b)  avoid  subcooled  wall 
temperatures  in  the  supply  manifold  and  limit  subcooling  of  the 
feedhole  walls  to  levels  which  are  no  greater  than  those  indicated 
for  the  test  bearing  in  Ref.  11-6  (typically  about  5  F  at  the  mid¬ 
point  of  the  bearing  wall  and  10  to  15  F  at  the  restrictor  entrance). 

Evidently  it  is  not  necessary  to  eliminate  any  subcooling  of  the 
feedholes  and  it  is  probably  not  possible  to  do  so  without  substan¬ 
tial  supply  steam  superheat.  More  detail  coverage  of  this  subject 
is  covered  in  Chapter  V  of  this  manual  entitled  "Thermal  Desi^ 

Guide". 

2 .  A  steam  processing  unit  to  dry  the  supply  steam  prior  to  its  enter¬ 
ing  the  bearing  supply  header 

A  number  of  approaches  to  supply  steam  processing  were  tried  and 

found  to  be  effective.  They  include:  (a)  throttling  with  reheat 

using  unthrottled  Jacketing  steam  as  the  heat  source,  (b)  throttling  »< 
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with  mechanical  separation  of  moisture,  (c)  mechanical  separation 
alone.  With  all  of  these  processing  techniques,  stable  operation 
was  obtained  when  the  measured  steam  supply  quality  exceeded  a  value 
ranging  from  98  to  99  5.  When  the  measured  steam  quality  was  below 
this  value,  the  bearing  hammered.  Chapter  IV  of  this  manual  covers 
the  tests  and  results  of  three  steam  processing  units. 

3 .  Effective  trapping  and  removal  of  separated  condensate  from  the 
steam  supply. 

If  separated  condensate  is  not  removed  from  the  system,  it  can 
become  reentrained.  There  was  a  considerable  difference  in  the 
conditions  necessary  to  achieve  stability  depending  on  whether 
separated  moisture  was  drained  from  the  bottom  of  the  supply 
steam  section  of  the  processor.  With  good  drainage,  operation 
was  always  stable  with  equal  supply  and  jacketing  header  pressures 
(Spiral-path  processor),  while  15  to  20  psi  throttling  of  the  supply 
steam  with  reheat  by  the  unthrottled  jacketing  steam  was  necessary 
when  the  drain  was  closed. 

4.  Avoid  sudden  very  large  changes  in  steam  supply  pressure. 

Bearing  stability  was  not  sensitive  to  sudden  perturbations  in 
supply  pressure  of  the  order  of  25  -  30  psi  providing  there  is  a 
reasonable  margin  of  stability  at  the  initial  operating  point- 
However,  larger  pressure  changes  did  result  in  a  transient  period 
of  hammer  during  the  thermal  transient  which  follows  the  pressure 
change  A  l.ief  period  of  hammer  can  be  expected  when  starting  the 
bearing  cold  from  room  temperature.  This  can  be  avoided  with  the 
dual-header  bearing  through  preheating  by  supplying  steam  to  the 
jacketing  header  only  for  a  few  minutes. 

There  was  very  little,  if  any  effect,  of  steady-state  load  on  conditions  for 
onset  or  suppression  of  steam  hammer  instability. 

Most  of  the  investigation  of  steam  hammer  instability  was  performed  with  very 
low  shaft  rotational  speeds,  100  rpm  or  less,  in  order  to  minimize  the  possi- 
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bllity  of  bearing  damage  during  operation  with  hammer.  However,  several  of  the 
teat  bearings  were  operated  at  speeds  up  to  4000  rpm,  wl  <<  and  without  unbalance 
loading,  under  conditions  which  had  been  established  as  being  close  to  the  stabil 
ity  limit.  Operation  was  entirely  satisfactory  and  there  was  no  indication  of  an 
effect  of  rotational  speed  or  dynamic  load  on  steam  hammer  instability. 

Spitting  instability  was  notobserved  during  these  experiments.  The  dual  header 
bearing  configuration  seems  to  eliminate  this  problem,  at  least  for  conditions 
which  do  not  result  in  steam  hammer. 

Measurements  of  bearing  flow  and  stiffness  are  in  satisfactory  agreement  (even 
with  saturated  steam),  with  calculations  based  on  available  design  data  for 
externally-pressurized  gas  lubricated  bearings  modified  for  the  properties  of 
steam.  Measured  stiffnesses  are  lower  than  calculated  values  and  the  disparity 
increases  for  high  ratios  of  supply  pressure  to  ambient  pressure.  This  observa¬ 
tion  is  consistent  with  usual  experience  with  gas-lubricated  bearings.  A  com¬ 
parison  of  experimental  and  theoretical  results  follows. 


COMPARISON  OF  EXPERIMENTAL  RESULTS  WITH  VARIOUS  THEORIES 


It  would  be  ideal  if  the  bearing  design  charts  developed  with  saturated  steam 
as  the  lubricant  could  include  all  effects  such  as  moisture  content,  entrance 
shocks,  turbulence  in  the  film,  etc.  Unfortunately,  an  analysis  which  includes 
the  actual  complex  physical  situation  is  not  presently  available.  On  the  other 
hand,  design  data  obtained  from  such  an  extensive  analysis  would  be  also  much 
more  expensive  to  develop  and  complicated  to  use  ~  thus  defeating  the  advan¬ 
tage  of  using  design  charts  (simplicity)  in  selecting  a  bearing  size  for  a  given 
application.  The  purpose  of  this  section  is  to  indicate  the  comparison  of 
saturated,  steam  lubricated  journal  bearing  stiffness  measurements  with  various 
theories.  Thus  an  empirical  calibration  factor  can  be  obtained  for  the  theory 
which  compares  more  favorably  with  experiment. 

Figures  II-9  and  II- 10  show  a  comparison  of  the  experimental  radial  stiffness 
measurements  of  bearings  C  and  B  described  above  with  the  predictions  of  three 
theoretical  treatments.  The  three  theories  differ  in  the  manner  in  which  the 
restrictor  is  treated.  The  first  theory  (labeled  T-l)  is  that  theory  used  in 
the  development  of  the  presently  available  gas  bearing  design  charts,  Ref.  II-3. 
A  theoretical  equation  for  one-dimensional,  steady,  single  phase,  isentropic 
flow  for  an  ideal  gas  through  the  restrictor  with  an  orifice,  discharge 
coefficient  is  used  to  develop  the  data,  T-l.  The  second  theory  (labeled  T-2) 
is  similar  to  T-l  except:  (1)  the  values  of  the  discharge  coefficient  used 
are  more  representative  of  a  sharp-edged  orifice,  and  (2)  the  value  of  ^ 

(ratio  of  specific  heats)  is  1.3  rather  than  1.4  as  in  T-l.  The  third  theory, 
T-3,  is  a  more  recent  development,  Ref.  II-7,  which  should  be  more  correct 
in  treating  a  variable  restrictor  such  as  an  inherent  restrictor.  This  theory 
introduces  a  correction  for  the  dynamic  head  loss  at  the  entrance  to  the 
bearing  film.  This  correction  is  made  in  the  form  of  a  loss  coefficient 
allowing  only  a  fraction  of  the  total  dynamic  head  to  be  lost;  i.e.  if 
(  Pg-P^)  represents  the  actual  total  pressure  drop  at  the  entrance  to  the 
bearing  film  and  (p  -p  )  represents  the  total  dynamic  head  st  the  throat, 

8  C 

then  C Ps may  be  calculated  from  the  equation 

(P8-Pt)  -  f  (*e>  (P8-Pc> 
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for  subsonic  flows,  where  f  (&  )  is  a  loss  coefficient  varying  from  0.15  to  0.6 

e 

as  a  particular  function  of  the  local  Reynolds'  number. 

As  indicated  by  Figs.  II-  9  and  II- 10,  T-2  seems  to  provide  better  agreement  with 
experimental  values.  This  is  consistent  with  the  results  reported  in  Ref.  II-8, 
where  better  agreement  for  load-carrying  capacity  between  theory  and  experiment 
was  obtained  by  using  T-2.  In  Ref.  II-8  a  single  entrance  circular  thrust  bearing 

was  tested. 

The  data  for  Bearing  C,  Fig.  II- 9  indicates  an  average  value  of  0.75  should  be 
used  to  correct  the  theoretical  predictions  for  better  agreement  with  theory. 

Bearing  C  operates  very  closely  to  the  optimum  value  of  A  (Restrictor  Coeffi- 
....  8 

cient,  described  in  next  chapter.)  over  the  entire  pressure  ratio,  p  /p  ,  range. 

8  8 

The  data  for  Bearing  B,  Fig.  11-10  indicates  a  variable  correction  factor  should 

be  applied  to  the  theoretical  predictions.  This  correction  factor  varies  from 

approximately  0.9  at  low  supply  pressure  (p  / p  5)  to  0.65  at  high  supply 

8  8 

pressures.  This  bearing  operates  very  closely  to  optimum  A  at  p  /p  ^5  and 

8  8  8 

moves  to  the  left  of  the  optimum  A  at  p  /p  15  (A  ^0.3). 

8  8  8  8 

The  performance  curves  developed  for  steam  lubricated  externally-pressurized 
journal  bearings  are  presented  in  the  next  chapter.  Theory-two,  T-2,  described 
above  was  used  in  their  development.  Therefore,  in  light  of  the  above 
discussion  it  is  suggested  to  operate  near  the  optimum  values  of  Ag  whenever 
possible  and  to  derate  the  theoretical  predictions  for  stiffness  and  damping  by 
10  to  25  percent.  If  it  is  necessary  to  operate  far  from  the  optimum  values  cf 
A_  then  the  theoretical  predictions  for  stiffness  and  damping  should  be  devated 
by  35X. 
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INTRODUCTION 


The  purpose  of  this  chapter  of  the  manual  is  to  enable  e  designer  to  select 
the  dimensions  and  operating  conditions  for  an  externally-pressurized  eteam 
bearing  which  must  meet  a  given  set  of  specifications  such  as  load,  bearing 
stiffness,  etc.  The  report  gives  design  methods  and  numerous  design  cherte 
from  which  the  actual  bearing  performance  can  be  evaluated.  The  design 
charts  are  in  dimensionless  form  whereby  a  wide  range  of  journal  bearing 
geometries  and  operating  conditions  are  covered. 

The  pressurized  steam  is  supplied  to  the  bearings  through  Inherently 
compensated  feeding  holes.  Other  methods  of  restriction  in  normal  gas 
bearing  design  have  been  applied  imes  (fixed  orifice,  porous  walla, 
thin  tubes,  membranes,  etc.;,  but  most  of  the  experience  and  data  thus  far 
obtained  are  concerned  with  the  inherently  compensated  feed  holes.  Hence, 
the  present  section  is  devoted  solely  to  inherently  compensated  bearings. 

The  data  for  the  design  charts  have  been  obtained  by  computer  programs.  The 
basic  analyses  can  be  found  in  Refs.  III-l  to  III-5  and  have  not  been  included 
in  the  present  text.  The  fundamental  equations  derive  from  the  theory  of 
gas  lubrication  and  embody  the  conventional  set  of  assumptions  such  as: 
the  steam  film  is  very  thin  compared  to  the  other  bearing  dimensions,  the 
film  is  isothermal,  inertia  effects  are  small  (laminar  flow)  and  the  steam 
is  single-phased  (i.e.,  wet  steam  is  excluded).  Probably  the  most  serious 
limitation  on  the  analysis,  and  thus  on  the  numerical  results,  is  the 
neglect  of  shock  effects  and  turbulence  effects  in  the  film.  These  effects 
may  dominate  in  the  film  around  the  feeder  hole  entrances  and  can  have  a 
profound  influence  on  the  overall  bearing  performance.  At  present  there  is 
no  method  by  which  these  effects  can  be  included  in  the  anlysis  but  the 
designer  should  be  aware  of  this  shortcoming.  Presently  this  design  data 
does  predict  actual  performance  quite  adequately  as  is  indicated  in  the 
chapter  on  experimental  results. 


The  function  of  a  bearing  is  to  separate  two  members  which  move  relatively 
to  each  other.  The  gap  between  the  members,  called  the  "film",  is  filled 
with  a  lubricant  which  in  the  present  case  is  high  quality,  or  superheated 
steam.  The  thickness  of  the  film  is  generally  of  the  order  of  .5  to  3  mils. 
In  order  to  maintain  separation  the  film  must  be  under  pressure.  In  the 
externally  pressurized  bearing  this  pressure  is  produced  directly  by 
supplying  pressurized  gas  to  the  bearing  through  feed  holes  in  the  bearing 
wall.  To  illustrate  the  principle  of  hydrostatic  or  externally  pressurized 
bearing  lubrication  consider  first  a  thrust  bearing: 


Downstream  Gas  Feeder  Holes 

Pressure  P 

c 


The  gas  is  supplied  at  a  pressure  of  P  psia  and  exhausts  to  ambient 

pressure  P  psia  at  the  inner  and  outer  circumference  of  che  annular  bearing 

a 

The  pressure  immediately  downstream  of  the  feeding  holes  is  denoted  as  Pc 
such  that  P  is  smaller  or  equal  to  the  supply  pressure  P  ,  depending  on 
the  amount  of  restriction  present  at  the  feeder  hole.  The  pressure 
distribution  radially  is  then  "triangular"  with  its  apex  at  the  feeder  hole 
and  the  load  carrying  capacity  can  be  calculated  simply  by  integrating  the 
pressure  over  the  area  of  the  bearing.  The  maximum  load  for  a  given  supply 
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pressure  Is  obtained  if  the  feeder  holes  afford  no  restriction  in  which 
case  the  pressure  downstream  of  the  holes  equals  the  supply  pressure  (P  *P  ). 

The  load  becomes  simply  the  product  of  the  supply  pressure  and  an  "area  factor," 
determined  solely  by  the  dimensions  of  the  bearing.  Thus,  it  is  evident  that 
the  bearing  is  "unstable"  since  the  film  force  does  not  vary  with  the  film 
thickness.  If  the  actual  thrust  load  is  greater  than  this  fixed  value,  the 
two  bearing  members  would  be  in  solid  contact,  and  if  the  thrust  load  la 
smaller  the  separation  of  the  members  would,  theoretically,  become  infinite, 
in  other  words,  the  stiffness  of  the  bearing  is  zero.  Therefore,  the  feeding 
holes  must  be  designed  such  that  they  restrict  the  flow  and  produce  a 
pressure  drop  (i.e. ,  P  <  P  ).  The  restriction  takes  place  in  the  small, 
annular  "curtain"  area  between  the  rim  of  the  feeding  hole  and  the  surface 
of  the  thrust  collar.  This  type  of  restriction  is  called  "inherent  compen¬ 
sation.  11  When  the  feeding  holes  are  restricted,  the  bearing  possesses 
stiffness  and  is  "stable"  from  the  point  of  view  of  load  carrying  capacity, 

(it  may  still  be  "dynamically"  unstable  as  discussed  later).  To  illustrate, 
assume  the  bearing  to  operate  with  a  certain  load  and  a  downstream  pressure 
Pc  where  Pc  <  Pg.  Pc  is  determined  from  the  requirement  of  flow  equilibrium, 
i.e.,  the  mass  flow  into  the  bearing  through  the  feeding  holes  must  equal 
the  mass  flow  exhausted  to  ambient  through  the  gas  film.  The  higher  the 
downstream  pressure  is,  the  smaller  becomes  the  flow  into  the  bearing 
(curve  "1"  below)  and  the  larger  becomes  the  gas  film  flow  (curve  "2"  below), 
and  vice  versa.  This  can  be  shown  graphically: 
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Next,  increase  the  external  thrust  load.  Then  the  gas  film  thickness 
diminishes,  consequently  the  flow  resistance  of  the  film  becomes  larger 
and  the  downstream  pressure  P£  must  increase  in  order  to  reduce  the  inflow 
(i.e.  curve "2"  above  moves  down).  The  net  result  is  an  increase  in  load 
carrying  capacity  to  balance  the  ac. 'ed  external  load,  i.e.,  the  bearing 
possesses  stiffness.  Thus,  it  can  be  concluded  that  only  with  restricted 
feeding  holes  does  the  bearing  have  stiffness.  However,  if  the  restriction 
is  so  large  that  the  pressure  drop  through  the  feeding  holss  absorb  all  the 
available  supply  pressure,  the  downstream  pressure  becomes  essentially 
equal  to  ambient  in  which  case  both  the  load  carrying  capacity  and  the 
stiffness  are  zero.  Therefore,  it  is  evident  that  there  is  an  optimum 
amount  of  restriction  at  which  the  stiffness  is  a  maximum  or  to  be  more 
specific,  there  is  an  optimum  ratio  between  the  flow  resistance  of  the  gas 
film  and  the  flow  resistance  of  the  feeding  holes.  This  "resistance  ratio" 
is  dimensionless  and  is  called  the  restrictor  coefficient,  identified  by 

the  symbol  A  .  It  is  one  of  the  dimensionless  parameters  governing  the 

8 

performance  of  an  externally  pressurized  bearing  and  is  used  in  all  the 
design  charts  given  in  this  section.  Another  dimensionless  parameter  is 
the  pressure  ratio:  P  / P  ,  i.e.  the  ratio  between  supply  pressure  and 

S  8 

ambient  pressure.  A  third  parameter  is  used  to  describe  the  bearing 
geometry;  namely,  L/D  (L  *  bearing  length,  D  *  bearing  diameter).  Once  the 
values  of  these  three  parameters  are  known , the  bearing  load  carrying  capacity, 
flow,  stiffness,  etc.,  can  be  calculated  from  design  charts  as  demonstrated 
later.  The  design  charts  and  tables  are  presented  separately,  as  an 
Addendum,  at  the  end  of  this  chapter. 
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In  the  externally  pressurized  journal  bearing  the  feeding  holes  are 
arranged  around  the  circumference  of  the  bearing  and  there  may  be  one  or 
two  planes  of  holes,  identified  by  "Single  Plane  Admission"  or 
'"Double  Plane  Admission": 


Externally  Pressurized  Journal  Bearing.  Single  Plane  Admission 

The  load  carrying  capacity  of  the  externally  pressurized  bearing  derives 
from  a  variation  of  pressure  around  the  circumference.  Thus,  if  the  journal 
is  concentric  with  the  bearing  sleeve  the  pressure  is  uniform  circumferentially 
and  the  net  load  becomes  zero.  If  the  journal  is  displaced  downwards  so 
that  it  is  eccentric  with  respect  to  the  sleeve, the  thickness  of  the  gas 
film  at  the  bottom  becomes  smaller,  the  flow  resistance  increases  and  forces 
the  pressure  at  the  bottom  feeder  holes  to  increase.  At  the  same  time  the 
pressure  in  the  top  half  of  the  bearing  decreases  due  to  the  increase  there 
of  the  film  thickness.  Thereby  a  net  force  is  produced,  directed  upwards, 
which  resists  the  displacement  of  the  journal  center,  i.e.,  the  bearing  is  able 
to  carry  a  load.  This  method  of  carrying  the  load  is  completely  analogous  to 
the  way  the  externally  pressurized  thrust  bearing  generates  its  stiffness. 

As  s  matter  of  fact,  the  externally  pressurised  journal  bearing  can  in 
principle  be  looked  upon  as  consisting  of  a  number  of  axial  strips,  each 


strip  fed  by  one  feeding  hole  and  each  strip  acting  as  a  thrust  bearing. 
Projecting  the  stiffness  of  each  strip  upon  the  direction  of  load  and 
summing  up  over  all  thf  sv  i-j  would  yield  the  total  stiffness  and,  hence, 
the  load  carrying  capacity  of  the  journal  bearing.  Therefore,  the  restrictor 
coefficient  A  is  a  very  important  design  parameter  for  the  journal  bearing 
and  it  has  an  optimum  value  at  which  the  load  carrying  capacity  is  a  maximum. 

To  calculate  the  performance  of  an  externally  pressurized  bearing  it  is 

necessary  to  establish  the  pressure  and  the  flow  throughout  the  steam  film. 

This  is  done;  by  setting  up  a  flow  balance  for  a  very  small  film 

element  expressed  in  terms  of  a  partial  differential  equation,  and  then 

integrate  throughout  the  film.  At  each  feeding  hole  the  pressure  (called  P  ) 

c 

must  be  adjusted  such  that  the  flow  into  the  steam  film  equals  the  flow 

through  the  hole.  This  latter  flow  is  a  function  of  the  downstream  pressure 

Pc  as  shown  by  curve  "1"  in  the  figure  on  page  3.  Note  that  when 

P  /P  <  .546  the  feeder  hole  is  choked  such  that  the  feeder  hole  flow  is 
c  s 

fixed  and  independent  of  Pc- 

The  greatest  difficulty  arising  in  the  solution  of  the  externally  pressurized 
bearing  is  to  establish  the  downstream  pressure  Pc>  Thus,  the  restrictor 
flow  curve  discussed  above  is  really  only  valid  when  the  restrictor  area  is 
much  smaller  than  any  other  area  in  the  flow  passage  and  when  the  gas  velocity 
can  be  neglected  both  before  and  after  the  restrictor.  However,  in  an 
externally  pressurized  bearing  the  flow  enters  the  bearing  as  a  jet, 
impinging  on  the  journal  surface  and  thereby  recovering  some  of  the  pressure 
drop.  Furthermore,  at  :he  flow  enters  the  gas  film  proper  there  occurs 
entrance  losses  which  frequently  are  of  a  substantial  magnitude.  If  the 
flow  is  large,  there  may  even  exist  a  region  of  shock  with  corresponding 
subambient  pressures.  It  is  evident  that  an  analysis  which  represents  this 
complex  physical  situation  by  means  of  a  single  value  for  the  downstream 
pressure  can  only  be  approximate.  On  the  other  hand,  to  include  a  more 
exact  analysis  would  make  the  calculation  of  the  bearing  much  more 
complicated  and  expensive  and  would  also  Introduce  a  large  number  of 
additional  design  parameters.  Thereby  the  advantage  of  using  design  charts 


for  designing  would  be  greatly  reduced  with  the  corresponding  lots  In 
simplicity,  so  important  when  aelecting  the  dimensions  and  the  operating 
conditions  for  the  bearing.  Fortunately,  experience  has  shown  the  general 
validity  of  the  simplified  ansiysls  but  in  using  the  design  charts  one  must 
realise  their  inherent  limitations  and  safety  surglns  must  be  imposed  on 
the  calculeted  results.  See  for  exsmple  the  previous  chapter  of  this  manual 
on  experimental  results. 


DIMEWS IOHLESS  DESIGN  PARAMETERS 

The  performance  of  Che  externally  pressurised  journal  bearing  is  given  by 
design  charts  and  tabulations  of  data.  In  order  for  the  charts  and  .data  to 
have  general  v  *  try  and  thereby  cover  as  vide  a  range  of  bearing 
dlawnslons  aid  operating  conditions  as  possible,  it  is  most  economical  to 
plot  the  charts  and  tabulate  the  data  in  dimensionless  form.  In  the 
following  the  definition  of  the  dlswnslonless  parameters  will  be  given.  The 
use  of  the  design  data  is  discussed  later. 


Externally  Pressurised  Journal  Bearing 


For  the  journal  bearing  there  are  5  governing  dimensionless  parameters, 
namely: 


1.  The  Lenath-to-Diameter  Ratio:  L/D 


Referring  to  Flg.Qtl.lt  is  seen  that  L  is  the  overall  bearing 
length.  For  a  double  plane  admission  bearing  it  is  necessary 
to  also  specify  the  length  between  the  admission  planes. 

Hence,  an  additional  parameter  enters,  namely,  L^/D.  Setting  the 
combined  length  outside  the  feeding  planes  equal  to  such  that 
L  •  Lj  +  Lj,  it  proves  to  be  convenient  to  use  L^/D  as  a  separate 
parameter,  denoted  as  {.  Therefore: 


Outside  Length-to-Diameter  Ratio: 


Inside  Length-to-Diameter  Ratio  ■ 


I 


for  single  plane  admission 

for  double  plane  admission 

for  single  plane  admission 
for  double  plane  admission 


2. 

3. 


The  Runolv  Pressure  Ratlc:  F#/P# 


The  Restrictor  Coefficient: 

(i.e.  the  ratio  between  the 
the  resistance  of  the 


A  - 

S 

flov  resistance  of  the  gas  film  to 
feeder  hole  restrictor). 
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The  Nomenclature  t»  (refer  also  to  llzJJlil 


C  Radial  clearance,  inch 

D  Bearing  diameter,  inch 

d  Feeder  hole  disaster,  inch 

e  Eccentricity  between  bearing  and  journal  centera,  inch 

n  Total  number  of  feeding  holea,  (i.e.  total  of  all  admlaalon  planea) 

L  ■  L^+Lj,  total  bearing  length,  inch 

Distance  between  admission  planes,  inch 

Combined  length  outside  admission  planes,  inch 

P^  Ambient  pressure,  psla 

P  Supply  pressure,  psla 

s  2  2  o 

<R  Gas  Constant,  in  /sec  /  R 

T  Total  temperature,  °R 

V  Ratio  of  specific  heats,  average  value  for  steam  ■  1.3 

6  •  Inherent  compensation  factor 

Ap  ■  P  -P  ,  Pressure  difference,  psi 

i  i  2 

M  Gas  viscosity,  lbs.  sec/ In*  (unit  also  called  reyn) 
v  Squeeae  frequency,  rad/sec 


Notes:  In  most  published  data  the  gas  constant ft  is  not  given 
above  specified  units.  Two  conversion  factors  shall  be  given: 


ft. 


in. 


2o 

sec  R 


4632.8  ft 


3.6051*  10 


L  BJit. 


lbs.°R 

t. 

1  lbs . 


bs.°R 


in  the 


The  figure  which  follows,  (Fig.  H-2) ftives  values  of  ft  for  saturated  and 
superheated  steam. 
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The  total  temperature  ia  given  by: 
T,°R  -  T,  °f  +  460 


Fcr  saturated  steam  at  250°F,  (RT  -  710  x  83.5  x  4632.8 

and  €?  •  1.68  x  104  -iB- 

sec 


2 

The  viscosity  jj  is  given  in  reyns  where  1  reyn  ■  1  lb. sec/in  .  Frequently, 
published  data  give  the  viscosity  in  centipoise  (cps).  The  conversion 
factor  is: 

4,  reyn  ■  1.45046  x  10  ^  £  4,  centipoise  J 

Figure  H-3  gives  the  viscosity  for  saturated  &  superheated  steam  as  a 
function  of  temperature  and  pressure.  Saturated  steam  at  100  psi  has 
|i  •  2.5  x  10  9  reyn. 


The  above  5  parameters  are  the  input  parameters  necessary  to  enter  the 
design  charts  and  tabulation  oi  data.  The  output  parameters  are: 

CK 

Dimensionless  stiffness:  - — — 

Ap  LP 


Dimensionless  mass  flow: 

ncV 

s 

Dimensionless  angular  stiffness: 


§  G 
CK 

_  ana 

Ap  L3D 


Dimensionless  damping  coefficient: 


B 


U 


Dimensionless  angular  damping: 


Gas  Constant  of  Steam 
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Temperature  T 


Fig.  HI" 2  Gas  Constant  of  Steam  va  Tenperature  (calculated  from  properties 
given  in  Ref.  7) 


KTI-S007 
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SELECTION  OF  THE  BEARING  DIMENSIONS  AND  USE  0?  THE  DESIGN  CHARTS 
Externally  Pressurized  Journal  Bearing 

The  role  of  the  externally  pressurized  journal  bearing  Is  to  support  a 
given  rotor.  The  rotor  dimensions  are  selected  from  such  considerations 
as  the  function  the  rotor  must  perform,  the  strength  of  the  rotor  and  Its 
stiffness.  Once  a  rotor  layout  is  available  the  bearing  reactions  and  the 
journal  diameters  are  known.  These  values  may  of  course  be  subject  to 
later  change,  depending  upon  the  outcome  of  the  bearing  calculations,  but  as  a 
first  step  towards  sizing  the  bearing  it  is  necessary  to  have  this 
information. 


Supply  Pressure  and  Bearing  Length 

Let  the  given  bearing  reaction  be  W  lbs.  and  the  specified  journal 
diameter  be  D  inch.  The  first  objective  is  to  select  the  bearing 
length  L  and  the  required  supply  pressure  psia.  To  this  end  use 
the  rule-of-thumb: 


(P  -P  )LD 
'  s  a 


J'15 


for  single  plane  admission 
.20  for  double  plane  admission 


where  P  is  the  ambient  pressure  in  psia.  Said  in  other  words,  the 
fl 

externally  pressurized  journal  bearing  can  turn  approximately 

15  to  20  per  cent  of  the  available  pressure  drop  into  useful  load 

carrying  capacity.  Within  the  limits  normally  imposed  on  the 

available  supplv  pressure  and  the  available  space  for  the  bearing, 

this  relationship  allows  selecting  P  and  L.  The  question  of  single 

s 

plane  versus  double  plane  admission  is  largely  a  question  of  how 
critical  it  is  to  obtain  the  highest  possible  load  and  stiffness. 
Note,  that  in  the  design  charts  for  double  plane  admission  the  planes 
are  located  halfway  between  the  center  of  the  bearing  and  the  ends. 
This  arrangement  seems  to  be  most  practical,  being  a  compromise  between 
the  maximum  obtainable  load  carrying  capacity  and  the  corresponding 
increase  in  the  flow  requirements. 


Ridiol  Clearance 

Once  the  supply  pressure,  the  bearing  length  and  the  number  of  admission 
planes  have  been  chosen  the  next  step  is  to  select  the  radial  clearance,  C, 
inch. 


The  clearance  is  the  most  critical  dimension  and  should  be  set  as  small  as 
possible  since  the  flow  is  proportional  to  the  cube  of  the  clearance  and 
the  stiffness  is  inversely  proportional  to  the  clearance.  Normal  practice 
tends  to  give  the  clearance  such  a  value  that: 


C 

R 


0 . 5  x  10 


■3  -3 

to  1.5  x  10  J 


where  R  is  the  journal  radius  in  inch  (i.e.  R  -  0.5  x  D) .  There  are  no 
firm  rules  for  determining  the  exact  value,  rather  the  choice  is  based 
on  the  size  of  foreign  particles  which  may  enter  the  steam  film,  the 
magnitude  of  any  possible  heat  expansion,  the  growth  of  the  shaft  due  to 
rotation  and  the  accuracy  with  which  the  journal  and  the  bearing  can  be 
manufactured.  The  centrifugal  growth  of  a  hollow  shaft  due  to  rotation 
can  be  calculated  from  the  equation: 


radial  centrifugal  growth,  inch 


0.025564 


2  3 

io: 

E 


+  A)2 

1- v  VR  ' 


3-2v 

1-v 


where  v  is  Poisson's  ratio  (v  ■  .3  for  steel),  E  is  Youngs  modulus  of 

7  2 

elasticity  (E  -  3  x  10  lbs/ in  for  steel),  T  is  the  weight  density  in 
lbs/ln^  (r  *0.283  lbs/in^  for  steel),  N  is  the  speed  in  RPS  and 
Is  the  ratio  of  shaft  inner  to  outer  radii. 


The  manufacturing  tolerances  on  the  journal  diameter  and  the  bearing  diamet 
should  be  specified  such  that  the  machined  clearance  does  not  deviate  by 
•ore  than  10  to  20  per  cent  from  its  nominal  value. 
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Radial  Stiffness 

It  la  now  possible  to  turn  to  the  design  charts.  Use  first  Design  Charts  1-6 
which  give  the  dimensionless  radial  stiffness  CK/(Ap  LB)  (defined  on 
page  71)  as  a  function  of  the  restrictor  coefficient  A. 5.  for  several  values 
of  the  length-to-diameter  ratio  — ,  for  several  values  of  the  supply 
pressure  ratio  P^/P^  and  for  both  single  and  double  plane  admission.  It  is 
seen  that  the  stiffness  has  a  maximum  value  occurring  at: 


AC-  0.7  to  1.0 
s’ 


where  g  «  L/D  for  single  plane  admission  and  g  ■  L^/D  for  double  plant! 
admission.  As  a  first  estimate,  chose  the  optimum  value  of  Agg.  It  is 
unnecessary  at  this  stage  to  know  the  value  of  each  quantity  making  up 


Read  off  the  corresponding  value  of  the  dimensionless  stiffness 
K  -  CK/(Ap  LD)  using  interpolation  between  the  charts  if  necessary. 
Calculate  the  actual  radial  stiffness: 

K  -  Ap  LD  K  /C  lbs/in 


Critical  Sneeds  of  the  Rotor 

To  decide  if  the  obtained  value  of  K  is  acceptable  it  is  necessary  to 
Investigate  the  critical  speeds  of  the  rotor  as  Influenced  by  K.  In 
most  applications  employing  externally  pressurised  gas  bearings  the  rotor 
is  very  stiff  compared  to  the  bearing  stiffness  and  the  two  loweat  critical 
speeds  may  be  calculated  from: 
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where: 


and: 


„ 

nl  M  vaec; 


Ml  *  M2  +  Kl*n&+  ^ang  red, 

°2  VXp  ,ec 


2  <-Mi  ♦  hW 

n3  H(VIp) 


*“*> 

'sec 


c 

Bearing 

V^ang 


Rotor  CG 

— B - 


2 
U-  ^ 


i  Bearing  #2 

_?JV  "2.„g 
///// 


Radial  atiffneas  of  bearing  1  and  2,  respectively,  lbs/in 


^4  ang  K2angAnBuX*r  bearing  1  and  2,  respectively,  lba.ln/radian 


M 

*T 


Distance  from  CG  of  rotor  to  bearing  1  and  2,  respectively,  inch 

2 

Total  rotor  mass  ■  (rotor  weight,  lbs)/386.07,  lbs. sec  /in 

2 

Transverse  mass  moment  of  inertia  around  CG,  lbs. In. sec. 

2 

Polar  mass  moment  of  inertia,  lbs. In. sec. 


The  angular  stiffness  discussed  later  and  may  at  this  atage  be 

aet  equal  to  aero  In  the  above  equation.  Thus,  the  two  lowest  critical 
speeds  may  be  determined  and  If  one  of  them  coincides  with  the  operating 
speed  or  la  close  to  the  operating  speed  (within  approximately  25  percent) 
the  design  aust  be  modified.  In  general  by  changing  the  bearing  stiffness. 
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Hydrodynamic  Instability 

A  further  consideration  is  important  in  this  connection.  The  bearing  stiff* 
ness  must  be  sufficiently  high  that  the  lowest  critical  speed  is  greater 
than  half  of  the  operating  speed.  This  requirement  is  necessary  in  order 
to  avoid  hydrodynamic  instability  (fractional  frequency  whirl).  Adding 
a  safety  margin  the  requirement  can  be  expressed  as: 

lowest  critical  speed  >  0.6  (operating  speed) 

Experience  indicates  that  this  is  not  a  conaervative  rule. 


Bearing  Flow 

At  this  point  the  final  design  value  of  the  restrictor  coefficient  A  should 

8 


be  known.  Knowing  A  >  and  the  supply  ratio  P  /P  enter  Design  Chart-7  to  read  off 

8  —  o  ■»  8  * 

the  dimensionless  flow  G 

mass  flow  to  the  bearing: 


2  3 

the  dimensionless  flow  G  -  6mRT§G/(tt  p  C  ).  Calculate  the  actual  total 

8 


G,  lbs. sec. /in  * 


3  2 
nC  P 

s 

6M*T§ 


To  get  the  flow  in  another,  more  convenient  unit: 

G,  lbs/  hr  -  1 .39  x  10x|g,  lbs. sec/in  j 

If  this  flow  exceeds  the  maximum  available  capacity  of  the  supply  source 
or  is  excessive  from  other  considerations  usually  the  only  possibility  is 
to  reduce  the  radial  clearance  C  (the  supply  pressure  can  of  course  be 
reduced  if  the  calculated  stiffness  and  load  is  greater  than  required). 
Note,  that  by  decreasing  the  clearance  the  stiffness  is  increased  (the 
stiffness  is  inversely  proportional  to  C)  so  that  a  reduction  in  supply 
pressure  sk*y  be  possible,  thereby  further  reducing  the  flow.  Hence,  from 
the  flow  calculation  in  combination  with  the  previously  mentioned 
considerations  the  final  design  value  of  the  radial  clearance  can  be 
established. 


Occasionally,  it  la  desired  to  know  the  pressure  Pc  downstream  of  the 
reetrictor  (for  an  inherently  compensated  bearing  Pc  is  the  pressure  just 
outside  the  rim  of  the  feeder  hole).  Pc  can  be  calculated  as  follows: 
from  the  already  determined  dimensionless  flow  G  and  the  corresponding 
value  of  Ag5  compute:  G0  ■  .  Enter  Flg.HX-4and  read  off  the  value 

for  Pc/Ps  from  which  Pc  is  found  directly.  Gq  is  the  dimensionless 
restrictor  mass  flow: 


where : 

GQ  Maas  flow  per  feeder  hole,  lbs.  sec/ln 
k  The  ratio  of  specific  heats 
Cd  Discharge  coefficient 

and  the  other  symbols  have  been  defined  previously.  The  present  design 
curves  are  based  on  k  *  1.3  (valid  over  a  wide  range  of  ste&n  conditions) 

em* 

such  that  the  feeder  hole  is  choked  for  Pe/Ps  <  >346  where  (*.  -  0.67  Cd- 
The  discharge  coefficient  Cd  la  representative  cf  a  sharp-edged  orifice 
and  decreases  "quedratically”  as  the  orifice  becomes  unchoked,  assuming  a 
value  of  approximately  0.6  for  Pc/Ps  •  1*  Under  choked  conditions  Cd  *  0.72. 

Xt  should  be  noted  that  the  feeder  holes  are  choked  for  small  values  of 
As(  (approximately  for  As(<>3)»  becoming  unchoked  as  A.?  increases- 
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Number  and  Diameter  of  Peeder  Holes 

The  next  step  is  to  determine  the  number  of  feeder  holes,  n,  and  the 
diameter,  d,  of  the  feeder  hole: 


According  to  the  definition  of  A  : 


nd 


P  C 

-** - -  A  for  inherently  compensated  restrictor. 

evs r  * 


The  values  of  all  the  quantities  on  the  right  hand  side  of  the  equation  are 
known:  the  supply  pressure  P^  psia,  the  radial  clearance  C  inch,  the 
restrictor  coefficient  A^,  the  gas  viscosity  u,  reyns  (see  page  71  and  Fie. 

I1I-3),  the  gas  constant  <R,  (see  page  *0  and  Fig.  1 1 1  ~  2)  and  the 

sec  ft 

total  temperature  T,°ft.  Hence,  the  value  of  the  right  hand  side  can  be  com¬ 
puted.  A  rule  of  thumb  that  can  be  used  is  to  set  n  >  Un  *  for  single  plane 

D  L 

feeding  and  n  >  8*  ,  for  double  plane  feeding.  Normally  one  does  not  design 
1*2 

with  double  plane  feeding  unless  absolute  maximum  stiffness  is  desired.  Then, 
r 

*  is  usually  greater  than  one.  A  minimum  required  number  is  obtained  from 
Pig.  III-S  which  established  the  validity  of  the  design  charts.  I'sc  Fig.  111-1', 
the  rule  of  thumb,  and  the  definition  of  A  to  establish  n  and  d.  Calculate 
^  (?  •  p  for  Single  nlane  admission  and  %  •  L,/0  fot  double  plane 

admission),  enter  Fig.  111*5  and  read  off  the  minimum  allowable  value 
for  n  (  .  From  this  the  minimum  req~.red  number  of  holes  is  established 
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and  the  actual  number  should  he  greater,  at  least  such  that  n  should 
never  be  less  than  6  to  8  (to  prevent  lock-up,  see  later). 

Having  followed  the  outlined  procedure  and  satisfied  all  the  specified 
requirements  the  number  of  holes,n,  and  the  feeder  hole  diameter,  d,  have 
been  established.  Hence,  the  exact  value  of  the  restrictor  ratio  A^  can 
be  computed: 

.  .  &a±j? 

*  2 

s 

From  Design  Charts  1  through  7,  the  dimensionless  stiffness  and  flow  can 
be  obtained,  thus  allowing  the  computation  of  the  actual  stiffness  and 
flow.  It  should  be  checked  if  this  final  stiffness  value  satisfied  the 
requirements  Imposed  by  considerations  of  critical  speeds  and  hydrodynamic 
instability  as  discussed  earlier.  Secondly,  the  load  carrying  capacity 
must  be  determined. 

Load-Carrying  Capacity  and  Lock-Up 

For  the  normal  range  of  operating  conditions  (say0.1  <  <  2)  the 

load-carrying  capacity  is  nearly  linear  with  displacement  up  to  an 
eccentricity  ratio  of  a  *0.4  to  0.5.  Hence,  if  the  specified  bearing 
’oed  is  U  lbs.  and  the  calculated  stiffness  is  K  lbs/ln.,  the  operating 
eccentricity  ratio  becomes: 


(C  •  radial  clearance,  inch) 

this  vatue  of  c  should  be  less  than  0.4  (or  maximum  0.5)  in  order  to  avoid 
the  danger  of  lock-up.  Lock-up  is  a  phenomenon  which  is  not  to  well 
understood.  It  manifests  itself  as  a  sudden  forcing  of  the  journal 
against  the  bearing  wall  when  the  journal  eccentricity  reaches  a  certain 
value.  Thua,  lock-up  is  equivalent  to  a  negative  spring  rate  beyond  e 
critical  load: 


Fig.  Ill- 5  Minimum  Number  of  Feeder  Holes 


I 


Eccentricity  Ratio,  c 


Experience  seems  to  indicate  that  lock-up  is  largely  governed  by  the 
number  of  feeder  holes  and  the  feeder  hole  geometry.  Too  few  feeder  holes 
enhances  the  possibility  of  getting  lock-up.  Furthermore,  uneveness  in 
the  flow  distribution  among  the  feeder  holes  due  to  manufacturing 
inaccuracies  or  faulty  design  may  lead  to  lock-up.  The  localized  pressure 
drop  around  the  feeder  hole  rim  as  the  flow  enters  the  gas  film  may  also 
contribute  to  lock-up.  Too  small  a  feeder  hole  diameter  could  cause  large 
local  pressure  drops  and  should  be  avoided. 

Power  Requirements 

The  externally  pressurized  steam  bearing  uses  power  in  two  ways:  the  power 
needed  to  pump  the  steam  through  the  bearing  and  the  power  extracted  from 
the  rotating  shaft  due  to  friction. 

The  power  required  to  pump  the  steam  through  the  bearing  is  given  by: 


^Pumping  powsirj 


steam  through  bearing  6600  Be  SP 


7$  !•«.  (7s) .  HP 


Even  though  the  viscosity  of  gases  is  very  small  compared  to  more  conven¬ 
tional  lubricants  like  oil,  the  friction  power  loss  in  a  gas  bearing  cannot 
be  neglected.  Rotors  supported  in  gas  bearings  are  normally  running  at  high 
speeds  and  the  radial  clearance  is  smaller  than  in  conventional  bearings. 
Furthermore,  in  an  oil  bearing  the  oil  helps  to  cool  the  bearing  whereas 
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in  a  gas  bearing  the  generated  heat  must  be  carried  away  by  the  bearing 
and  the  shaft.  Hence,  for  high  speed  rotors  it  is  necessary  to  know  the 
bearings  power  loss  in  order  to  ensure  that  the  dissipated  heat  does  not 
cause  high  temperature  gradients  and  thereby  make  it  impossible  to  operate 
the  bearing.  In  addition,  the  overall  input  or  output  power  for  the  machine 
may  be  sufficiently  small  that  the  friction  loss  in  the  bearing  can  be  a 
substantial  amount  of  the  total  losses,  thus  impairing  the  efficiency  of 
the  unit. 

The  friction  power  loss  of  an  externally  pressurized  journal  bearing  is 
closely  given  by: 

3  3  2 

Friction  Power  Loss  «  ^  y  ,  HP. 

6600  C\jl-e 

Rotor  and  Bearing  Alignment.  Angular  Stiffness 

Since  the  externally  pressurized  journal  bearing  normally  has  a  small 
radial  clearance  and  the  bearing  frequently  is  relatively  long  in  order  to 
carry  the  required  load  it  becomes  difficult  to  ensure  a  sufficiently 
accurate  alignment  between  the  bearings  without  taking  special  precautions. 

It  takes  only  a  small  amount  of  misalignment  to  effectively  lock  the 
rotor  in  its  bearings  and  prevent  operating  the  rotor.  In  most  cases, 
therefore,  the  bearings  should  not  be  mounted  rigidly  in  their  pedestals 
but  instead  they  should  be  provided  with  supports  that  will  allow  self¬ 
alignment  of  the  bearings.  Among  the  methods  employed  to  obtain  self¬ 
alignment  the  most  common  are:  a)  mounting  the  bearing  in  ball  bearings, 

b) providinga  spherical  seat  between  the  bearing  housing  and  the  pedestal,  and 

c)  mounting  the  bearing  in  a  flexible  diaphragm.  The  two  first  methods  suffer 
from  the  requirement  of  lubricating  the  members  in  contact  thereby  loosing 
some  of  the  advantages  of  the  ges  bearing.  Thus,  if  grease  lubrication  is 
employed  ,the  bearing  must  be  sealed  from  the  high  temperature  steam 
environment.  It  is  possible  to  design  the  spherical  seat  as  an  externally 
bearing  in  itself,  but  too  little  experience  is  available  to  serve  as  a 
guide  for  a  design.  However,  the  third  method  i.e.  mounting  the  bearing  in 

a  flexible  support,  has  been  tried  with  success.  Schematically,  this  method 
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can  be  illustrated  by  a  sketch: 


7 


;  i 

:  j 


The  shovm  flexible  support  consists  of  a  number  of  radial  spokes  which  are 
stiff  in  the  radial  direction  but  flexible  in  accommodating  misalignment. 
Let  the  two  corresponding  stiffnesses  be  denoted  as:  the  radial  stiffness 
kR  and  the  angular  stiffness  k^.  For  given  dimensions  of  the  spokes  these 
stiffnesses  are  easily  calculated  from  the  standard  beam  formulas  in 
strength  of  materials  handbook.  Note,  that  in  calculating  the  angular 
stiffness  the  spokes  both  bend  and  twist. 


The  stiffnesses  of  the  flexible  support  must  satisfy  two  requirements: 
a)  the  radial  stiffness  k^  must  be  sufficiently  high  that  the  critical 
speeds  of  the  rotor  are  not  drastically  lowered  (usually  greater  than 
twice  the  bearing  stiffness),  b)  the  angular  stiffness  k^  must  be 
sufficiently  low  that  the  bearing  is  able  to  follow  the  misalignment  of 
the  rotor  (usually  less  than  one-half  the  bearing  angular  stiffness). 


To  check  the  first  requirement  let  the  mass  of  the  bearing  housing  be 

2 

denoted  as  mg  lbs. sec  /in.  Then  the  overall  radial  stiffness  of  the  gas 
film  plus  the  flexible  support  it: 


*  'Vv1 


overall  stiffness; 
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where  a)  is  the  vibratory  frequency  in  radians/sec  and  K  is  the  previously 
determined  bearing  stiffness,  cu  should  be  set  equal  to  2rr  N  where  N  is 
the  rotor  speed  in  RPS.  This  overall  stiffness  replaces  the  K  value  as 
used  in  the  earlier  equation  for  determining  the  critical  speeds  of  the 
rotor.  Thus,  the  system  becomes  more  complex  (it  actually  becomes  a  two- 
mass  system  with  a  corresponding  increase  in  the  numbet  of  natural  frequencies). 
For  prectlr.jl  purposes  it  is  sufficient  to  require: 


9  9 

16ttV 


lbs . sec 
in 


where  N  is  the  operating  speed  in  RPS.  This  relationship  assures  that  the 
natural  frequency  of  the  support  by  itself  is  twice  the  operating  speed. 

If  this  imposes  too  severe  a  restriction,  a  more  detailed  analysis  is 
necessary.  When  the  inequality  is  satisfied,  the  overall  stiffness  is 
closely  given  ky: 

overall  stiffness  ■ 

The  value  should  be  computed  and  the  critical  speeds  of  the  rotor  should  be 
recalculated  to  ensure  that  they  have  not  been  seriously  affected  by  the 
flexible  support.  It  is  seen  that  even  if  the  radial  stiffness  of  the 
support  is  double  the  bearing  stiffness  the  critical  speeds  are  still  lowered 
by  20  per  cent. 

Turning  to  the  alignment  capability  of  the  supports  it  is  necessary  first 
to  obtain  the  angular  stiffness  of  the  gas  film.  This  stiffness  is  given 
aa  a  dimensionless  quantity  K-ng»  CK<n^/(dPLD)  in  Design  Charts  8-11.  inter 
the  graphs  with  the  already  determined  value  of  using  interpolation 
where  necessary  and  calculate  the  actual  angular  stiffness  of  the  bearing 


•  i  «  ^ 

where  all  symbols  have  been  previously  defined. 
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Next,  denote  the  mess  moment  of  inertia  of  the  bearing  housing  around  a 

2 

transverse  axis  through  CG  as  1^  lbs.  in. sec  .  Cali  the  'Misalignment" 
angle  of  the  rotor®  and  that  of  the  bearing  housing  0_.  Then: 

II  to 


The  bearing  housing  will  follow  the  misaligned  rotor  as  long  as  this 
ratio  is  close  to  unity.  From  a  practical  point  of  view,  this  is  satisfied 
if  the  properties  of  the  bearing  housing  .?nd  the  flexible  support  satisfies 
the  relationships: 

2 

t  <  lbs.iu.cec. 

*  (2ttNj 


K 

ang 


where  N  is  the  operating  speed  in  RPS.  Hence,  the  first  inequality 
simply  requires  the  angular  natural  frequency  to  be  above  the  running 
speed.  If  this  requirement  cannot  be  satisfied,  then  this  angular 
natural  frequency  mutt  be  kept  low  within  the  normal  operating  speed 
range . 


Occasionally  the  operating  requirements  are  so  severe  or  the  available 
supply  pressure  and  the  space  allowed  to  the  bearing  are  so  limited  that 
the  design  of  the  bearing  and  its  supports  become  smrglnal.  Under  such 
circuaistances ,  it  is  frequently  necessary  to  perform  a  detailed  dynamic 
analysis  of  the  rotor-bear log-support  system  to  ensure  satisfactory 
performance  throughout  the  speed  range.  It  is  outside  the  scope  of  the 
present  nnual  to  set  up  su*.h  an  analysis,  but  if  the  rotor  is  rigid  for 
all  operating  speeds  it  is  relatively  simple  to  analyse  the  system  by 
elementary  methods  as  a  two  or  three-mass  system,  each  amss  having  two 
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degrees  of  freedom.  If  the  rotor  is  flexible,  it  is  almost  a  necessity 

to  have  access  to  a  computer  program  which  can  handle  the  calculations  - 
In  either  case,  it  is  necessary  to  know  the  damping  of  the  gas  film  in 
addition  to  the  stiffnesses. 

The  steam  film  dynamic  atiffness  is  expressed  as  two  coefficients:  K 
and  KaQg  aa  discussed  previously.  However,  the  dynamic  coefficients  are 
frequency  dependent;  but  for  inherent  compensation  and  >  5,  only 

mildly  so.  The  variation  of  dynamic  radial  and  angular  stiffnesses  with 
squeese  number  is  given  in  Design  Tables  1  through  6. 

The  steem  film  damping  ia  expressed  by  two  damping  coefficients: 

B  (lbs. sec/in),  the  radial  damping  coefficient,  and  (lbs. in. sec/radian), 

the  dasq>ing  coefficient  for  angular  notion.  The  latter  coefficient  is 
primarily  of  importance  in  investigating  the  angular  vibrations  of  the 
flexibly  supported  bearing  housing.  Unfortunately,  the  damping  coefficients 
depend  strongly  on  the  frequency  of  the  vibration  (l.e.  the  rotor  speed)  and 
reduce  to  aero  for  high  frequencies.  However,  for  rotor  speeds  less  than: 

N  <  0.05  *L 
uR2 

all  four  coefficients  are  reasonably  unaffected  by  frequency.  Under  those 
clrcusiatancea  the  static  value  of  these  coefficients  can  be  given  in  form 
of  design  charts.  Design  Charts  14-19  give  the  dimensionless  radial  damping 
coefficient  B  ■  B/[uL(R/C)3]  and  Design  Charts  20-25  give  the  dimensionless 
angular  damping  coefficient  B^n^  ■  B#n^/|ul\^j.  The  actual  coefficients 
are  then  computed  aa: 

B  •  uL  (§)*  i  lbs  .  sec  /  in  ■ 


eng 


*L3(§) 


3  - 

B 


eng 


lbs- in. sec /rad lan 
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The  effects  of  vibration  frequency  on  these  quantities  are  given  with 
the  related  dynamic  stiffness  quantities  in  tabular  form  in  Design  Tables  1 
through  6.  In  order  to  usepthe  charts  and  tables,  it  is  necessary  to 
know  the  values  of  jj,  and  o.  It  should  be  noted  that  the  angular 

damping  coefficient  may  become  negative.  If  the  radial  coefficient  B 
was  negative,  which  it  is  not  for  an  inherently  compensated  bearing,  the 
bearing  would  experience  pneusutic  haoaer  instability.  However,  a  negative 
value  of  only  implies  pneumatic  hsmatr  in  exceptional  cases  which  it 
would  take  a  detailed  analysis  to  investigate,  Ref.  111*8. 
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Radial  damping  coefficient,  lba.aec./ln. 

■  B/£hL(£)  jfor  journal  bearing,  dimens ion leas  damping  coefficient 

Angular  damping  coefficient,  lbs . in. sec ./radian 

[3  R  3 

►‘L  (r)  ]  journal  bearing,  dimensionless  angular 
J  damping  coefficient 

Journal  bearing  radial  clearance,  in. 

Discharge  coefficient 

Journal  bearing  diameter,  in. 

Feeder  hole  diameter,  in. 

Modulus  of  Elasticity,  psi 

Journal  eccentricity  with  respect  to  bearing  center,  in. 

Transverse  mass  moment  of  inertia  of  rotor  around  CC,  lbs. in. sec. 2 
Polar  mass  moment  of  inertia  of  rotor,  lbs. in. sec. * 

Transverse  mass  moment  of  inertia  of  bearing  sleeve,  lbs. in. sec. 2 
Radial  stiffness,  lbs. /in. 

-  CK/[(P#"pfl)L  D]  for  journal  bear ing, dimension less  stiffness 
Angular  stiffness,  lbs . in ./radian 

*  CKan  /  [*Ps“Pa^  for  J°urn*1  bearing,  dimensionless 

J  angular  stiffness 

Radial  stiffness  of  flexible  support,  lbs-/in. 

Angular  stiffness  of  flexible  support,  lbs.  in. /radian 
Ratio  of  specific  heats  for  steam  -  1.3) 

Total  length  of  journal  bearing,  in. 

Distance  between  admission  planes  in  journal  bearing,  in. 

(Lj  *  0  tor  single  plane  admission) 

"  L-Lj,  combined  journal  bearing  length  outside  admission  planes,  in. 

(L,  ■  L  for  single  plane  admission) 

Distance  of  CG  of  rotor  to  the  supporting  journal  bearings,  in. 

Rotor  mass,  lbs  sec.2/in. 

*> 

Mass  of  bearing  sleeve,  lbs  sec  ‘/in. 

Total  number  of  feeding  Holes 
Rotor  speed,  RPS 
See  Page  tl 
Ambient  pressure,  psia 


Supply  pressure,  psia 

Pressure  downstream  of  feed  g  hole,  psia 
Mass  flow,  lbs. sec. /in. 


^3  2 

g/I£~u— 

6w 


for  journal  bearing,  dissension  less  flow 


•  G/n,  mass  flow  per  feeder  hole,  lbs.sec/ln. 

■  G/A  5  for  journal  bearing,  dimensionless  feeder  hole  flow 

*  (See  Page  *  ) 

■  1/2  D,  journal  bearing  radius,  in. 

Inner  radius  of  shaft,  in. 

0  0 

Gas  constant,  in.  /sec.  /  K 
Total  temperature,  °R 
Bearing  Load,  lbs. 

•  W/[(P -PJ  LD3  for  journal  bearing,  dimensionless  load 
Weight  density,  lbs/1 n^ 

VV  P«i 

•  nd/C,  inherent  compensation  factor 

•  e/C,  journal  bearing  eccentricity  ratio 

•  6und  V*T/(P.C^) »  restrictor  coefficient 

*  ? 

Gas  viscosity,  lbs. sec. /in 

Poisson's  ratio  (v  ■  .3  for  steel);  Frequency,  rad/sec. 

•  L/D,  journal  bearing,  single  plane  admission 

•  Lj/D,  journal  bearing,  double  plane  admission 
Squeeee  Number 

Frequency,  radians/sec. 
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ADDENDUM  (DESIGN  CHARTS  AND  TABLES) 

Fig.  No. 

Dimensionless  Redial  Stiffness  vs  Restrictor  Coefficient 
for: 


L/D 

m 

1/2. 

Single  Row 

1 

L/D 

m 

1. 

Single  Row 

2 

L/D 

m 

1-1/2, 

Single  Row 

3 

L/D 

m 

2, 

Single  Sow 

U 

L/D 

m 

i. 

Double  Row 

5 

L/D 

m 

2. 

Double  Sow 

6 

Dimensionless  Flow  vs  Restrictor  Coefficient 
for: 

All  L/D  7 


Dimensionless  Anguler  Stiffness  vs  Restrictor  Coefficient 
for: 


L/D 

• 

1/2. 

Single  Row 

8 

L/D 

a 

1. 

Single  Row 

9 

L/D 

a 

1-1/2. 

Single  Row 

1C 

L/D 

a 

2. 

Single  Row 

11 

L/D 

a 

1. 

Double  Sow 

12 

L/D 

a 

2. 

Double  Row 

13 

Diaensionless 

Redial 

Deeping  vs  Restrictor  Coefficient 

for: 

L/D 

a 

1/2 , 

Single  Row 

L/D 

a 

l. 

Single  Sow 

15 

L/D 

a 

i-l/2. 

Single  Row 

16 

L/D 

a 

2, 

Single  Row 

17 

L/D 

a 

1. 

Double  Row 

18 

L/D 

a 

2. 

Double  Row 

19 
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ADDENDUM  (DESIGN  CHARTS  AND  TABLES)  Cont'd 


Fig.  No 


Dinenf:  ion le se  Angular  Damping  vs  Restrictor  Coefficient 
for: 


L/D 

m 

1/2, 

Single  Row 

20 

l/D 

m 

i, 

SjngJe  Row 

21 

L/D 

at 

1-1/2, 

Single  Row 

22 

L/D 

m 

2, 

Single  Row 

22 

L/D 

m 

1, 

Double  Row 

24 

L/D 

m 

2, 

Double  Row 

25 

Table  N™ 


Dynamic 

Data, 

L/D 

a 

1/2, 

Single  Row 

1 

Dynamic 

Data, 

L/D 

a 

i. 

Single  Row 

2 

Dynamic 

Data, 

L/D 

a 

1-1/2, 

Single  Row 

3 

Dynamic 

Data, 

L/D 

m 

2, 

Single  Row 

4 

Dynamic 

Data, 

L/D 

a 

1, 

Double  Row 

5 

Dynamic 

Data, 

L/D 

a 

2, 

Double  Row 

6 

Fig.  1  Dimensionless  Radial  Stiffness  Versus  Restrictor  Coefficient, 
L/D  =  1/2,  Single  Row 
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001 


Fig.  3  Dimensionless  Radisl  Stiffness  Versus  Restrictor  Coefficient, 
L/D  ■  1-1/2,  Single  Row 
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Fig,  8 


Dimensionless  Angular  Stiffness  Versus  Restrictor  Coefficient 
L/D  »  1/2,  Single  Row 
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0.0  1  0.04  0.1  0.4  0.7  1,0  *  10, 
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Fit*  9  Di»*n«lcnl«M  Angular  Self  fats*  Vtrtut  Rtotriceor  CooffUlmt, 
L/D  ■  1,  Sing la  Row 


105 


a  i<iv 


Fig.  12  Dimensionless  Angular  Stiffness  Versus  Restrictor  Coefficient, 
L/D  =  1,  Double  Row 


Fig.  13  Dimensionless  Angular  Stiffness  Versus  Restrictor  Coefficient, 
I/D  *  2,  Double  Row 
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Damping  Venue  Reitrictor  Coefficient, 
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Fig.  18  Dimensionless  Redial  Damping  Versus  Restrictor  Coefficient, 
L/D  ■  1,  Double  Row 
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Fig.  19 


Dimensionless  Redial  Draping  Versus  Restrictor  Coefficient, 
L/D  *  2,  Double  Row 
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Pig.  25  Dimensionless  Angular  Damping  Versus  Restrictor  Coefficient. 
L/D  -  2,  Double  Row 


Table  1  Dynamic  Data,  L/D  -  1/2,  Single  Row 


Parameter  P 

/  P 
a _ a 

A  ?  a- 

0.01 

1  .0 

10. 

100. 

CK/  (ApLD) 

3 

0.1 

0.139 

0.142 

0.362 

0.754 

0.7 

0.393 

0.395 

0.500 

1.04 

4.0 

0.112 

0.112 

0.145 

0.988 

10 

0.1 

0.199 

0.199 

0.215 

0.301 

0.7 

0.395 

0.395 

0.402 

0.585 

4.0 

0.112 

0.112 

0.114 

0.307 

20 

0.1 

0.211 

0.211 

0.214 

0.256 

0.7 

0.386 

0.386 

0.388 

0.479 

4.0 

0.108 

0.108 

0.109 

0.166 

CKang/(ApL3D) 

3 

0.1 

0.0136 

0.0137 

0.0181 

0.0384 

0.7 

0.0463 

0.0473 

0.0463 

0.0500 

4.0 

0.0428 

0.0428 

0.0435 

0.0643 

10 

0.1 

0.0218 

0.0218 

0.0203 

0.0138 

0.7 

0.0518 

0.0518 

0.0511 

0.0339 

4.0 

0.0431 

0.0431 

0.0431 

0.0442 

20 

0.1 

0.0243 

0.0243 

0.0236 

0.0129 

0.7 

0.0513 

0.0513 

0.0511 

0.0404 

4.0 

0.0420 

0.0420 

0.0420 

0.0422 

B/(nL(J>J) 

3 

0.1 

2.24 

2.22 

1.41 

0.0556 

0.7 

1.41 

1.41 

1.19 

0.0798 

4.0 

0.963 

0.962 

0.936 

0.254 

10 

0.1 

0.968 

0.966 

0.825 

0.0623 

0.7 

0.917 

0.916 

0.893 

0.248 

4.0 

0.969 

0.969 

0.966 

0.722 

20 

0.1 

0.566 

0.566 

0.538 

0.0923 

0.7 

0.855 

0.854 

0.849 

0.502 

4.0 

0.970 

0.970 

0.969 

0.892 

3 

0.1 

0.0554 

0.0551 

0.0395 

0.00786 

W<"l3<c)3> 

0.7 

-0.00542 

-0.00539 

-0.00299 

0.00589 

4.0 

0.0242 

0.0242 

0.0236 

0.00802 

10 

0.1 

-0.0858 

-0.0856 

•0.0715 

0.00220 

0.7 

-0.0840 

-0.0840 

-0.0816 

-0.0183 

4.0 

0.00646 

0.00646 

0.00644 

0.00515 

20 

0.1 

-0.142 

-0.142 

-0.134 

-0.0160 

0.7 

-0.0959 

-0.0959 

-0.0952 

-0.0540 

4.0 

0.00441 

0.00441 

0.00440 

0.00415 

Table  1  Dynamic  Data,  L/D  •  1,  Single  Row 
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^  Parameter 

P  /P 

a  a 

a-  0.01 

1.0 

10. 

100. 

CK/(apLD) 

3 

0.1 

0.108 

0.144 

0.650 

0.806 

I 

0.7 

0.321 

0.336 

0.824 

1.10 

4.0 

0.102 

0.107 

0.431 

1.28 

I 

10 

0.1 

0.155 

0.157 

0.251 

0.313 

0.7 

0.321 

0.322 

0.396 

0.643 

1 

4.0 

0.102 

0.102 

0.136 

0.735 

• 

20 

0.1 

0.164 

0.164 

0.199 

0.264 

0.7 

0.313 

0.313 

0.334 

0.577 

I 

4.0 

0.0986 

0.0987 

0.107 

0.490 

^  Clfeng  f  (ApL  D) 

3 

0.1 

0.0109 

0.0117 

0.0264 

0.0532 

I 

0.7 

0.0394 

0.0394 

0.0420 

0.0659 

4.0 

0.0392 

0.0393 

0.0478 

0.0786 

I 

10 

0.1 

0.0174 

0.0173 

0.0139 

0.0178 

0.7 

0.0431 

0.0431 

0.0394 

0.0330 

T 

4.0 

0.0394 

0.0394 

0.0398 

0.0470 

1 

m* 

20 

0.1 

0.0194 

0.0194 

0.0163 

0.0137 

0.7 

0.0427 

0.0427 

0.0415 

0.0292 

? 

.1 

4.0 

0.0384 

C.0384 

0.0385 

0.0420 

B/(nL(^)J) 

3 

0.1 

7.45 

7.04 

1.16 

0.0278 

.  i 

0.7 

5.18 

5.08 

1.71 

0.0362 

4.0 

3.55 

3.54 

2.58 

0.108 

10 

0.1 

4.36 

4.28 

1.61 

0.0362 

0.7 

3.91 

3.90 

3.03 

0.124 

4.0 

3.58 

3.58 

3.42 

0.646 

20 

0.1 

3.40 

3.38 

2.22 

0.0669 

0.7 

3.75 

3.75 

3.49 

0.418 

4.0 

3.59 

3.59 

3.54 

1.65 

Bang/(,L3(|)3) 

3 

0.1 

0.218 

0,208 

0.0698 

0.00514 

0.7 

0.0438 

0,0437 

0.0375 

0.00529 

4.0 

0.100 

0.100 

0.0756 

0.00563 

j 

10 

0.1 

-0.136 

-0.133 

-0.0271 

0.00547 

0.7 

-0.170 

-0.170 

-0.126 

0.00506 

4.0 

0.0418 

0.0418 

0.0402 

0.0104 

) 

20 

0.1 

-0.278 

-0.276 

-0.170 

0.00545 

0.7 

-0.203 

-0.203 

-0.187 

-0.00784 

1 

4.0 

0.0350 

0.0350 

0.0346 

0.0182 

Xabl*  3  Dynastic  Data,  L/D  ■  1-1/2  Slogla  tow 
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Paraaatar 

A  5  a- 

0.01 

1.0 

10. 

100. 

CMJ  (ApLD) 

3 

0.1 

0.0790 

0.172 

0.721 

0.821 

0.7 

0.244 

0.293 

0.961 

1.11 

4.0 

0.0895 

0.107 

0.807 

1.34 

10 

0.1 

0.112 

0.121 

0.275 

0.317 

0.7 

0.242 

0.246 

0.438 

0.649 

4.0 

0.0883 

0.0897 

0.206 

0.830 

20 

0.1 

0.118 

0.121 

0.208 

0.266 

0.7 

0.236 

0.237 

0.307 

0.593 

4.0 

0.0855 

0.0859 

0.118 

0.686 

C4ng/(ApL3D) 

3 

0.1 

0.00820 

0.0108 

0.0351 

0.0570 

0.7 

0.0310 

0.0317 

0.0466 

0.0702 

4.0 

0.0344 

0.0349 

0.0570 

0.0829 

10 

0.1 

0.0132 

0.0131 

0.0132 

0.0189 

0.7 

0.0339 

0.0339 

0.0311 

0.0356 

4.0 

0.0345 

0.0346 

0.0366 

0.0493 

20 

0.1 

0.0147 

0.0146 

0.0124 

0.0148 

0.7 

0.0336 

0.0336 

0.0321 

0.0309 

4,0 

0.0336 

0.0337 

0.0342 

0.0439 

3 

0.1 

13.0 

11.2 

0.908 

0.0180 

0.7 

10.0 

9.42 

1.43 

0.0240 

4.0 

7.06 

6.96 

2.88 

0.0675 

10 

0.1 

9.38 

8.95 

1.66 

0.0270 

0.7 

8.44 

8.36 

4.47 

0.0911 

4.0 

7.15 

7.13 

6.07 

0.409 

20 

0.1 

8.29 

8.17 

3.32 

0.0577 

0.7 

8.26 

8.24 

6.70 

0.316 

4.0 

7.16 

7.16 

6.85 

1.30 

»..,/ia3<§)3> 

3 

0.1 

0.442 

0.394 

0.0882 

0.00326 

0.7 

0.197 

0.190 

0.0763 

0.00347 

4.0 

0.230 

0.227 

0.104 

0.00374 

10 

0.1 

-0.000388 

0.00317 

0.0509 

0.00376 

0.7 

-0.0934 

-0.0922 

-0.0265 

0.00612 

4.0 

0.130 

0.130 

0.112 

9.00998 

20 

0.1 

-0.179 

-0.175 

-0.0367 

0.00536 

0.7 

•0.138 

-0.137 

-0.103 

0.0113 

4.0 

0.119 

0.119 

0.114 

0.0256 

T*bl«  4  Dynaale  Data,  L/D  •  2,  Singia  Row 
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Paraaeter 

i-  /  P 

Agt 

0-  0.01 

1.0 

10. 

100. 

CK/ (AplD) 

3 

0.1 

0.0569 

0.207 

0.754 

0.827 

0.7 

0.182 

0.274 

1.01 

1.12 

4.0 

0.0762 

0.116 

1.02 

1.36 

10 

0.1 

0.0800 

0.0976 

0.287 

0.318 

0.7 

0.179 

0.186 

0.477 

0.651 

4.0 

0.0745 

0.0777 

0.304 

0.861 

20 

0.1 

0.0842 

0.0888 

0.217 

0.267 

0.7 

0.174 

0.176 

0.306 

0.596 

4.0 

0.0722 

0.0729 

0.142 

0.751 

CK*ng/(ApL3D) 

3 

0.1 

0.00614 

0.0108 

0.0426 

0.0585 

0.7 

0.0240 

0.0260 

0.0533 

0.0717 

4.0 

0.0294 

0.0307 

0.0644 

0.0844 

10 

0.1 

0.00990 

0.0101 

0.0144 

0.0193 

0.7 

0.0263 

0.0263 

0.0282 

0.0364 

4.0 

0.0295 

0.0296 

0.0350 

0.0503 

20 

0.1 

0.0110 

0.0110 

0.0116 

0.0151 

0.7 

0.0261 

0.0261 

0.0263 

0.0323 

4.0 

0.0287 

0.0287 

0.0303 

0.0454 

3 

0.1 

17.7 

13.4 

0.787 

0.0142 

0.7 

14.6 

13.2 

1.25 

0.0182 

4.0 

10.8 

10.4 

2.53 

0.0485 

10 

0.1 

14.4 

13.3 

1.61 

0.0223 

0.7 

13.2 

13.0 

5.01 

0.0789 

4.0 

11.0 

10.9 

7.81 

0.311 

20 

0.1 

13.4 

13.1 

3.78 

0.0531 

0.7 

13.1 

13.0 

9.15 

0.278 

4.0 

11.0 

11.0 

9.95 

1.01 

3 

0.1 

0.672 

0.562 

0.1883 

0.00221 

0.7 

0.413 

0.383 

0.0913 

0.00242 

4.0 

0.401 

0.389 

0.111 

0.00267 

10 

0.1 

0.241 

0.232 

0.0901 

0.00272 

0.7 

0.110 

0.110 

0.0844 

0.00514 

4.0 

0.274 

0.273 

0.198 

0.00851 

20 

0.1 

0.0661 

0.0668 

0.0748 

0.00435 

0.7 

0.0642 

0.0642 

0.0658 

0.0133 

4.0 

0.259 

0.259 

0.236 

0.0262 
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fable 

5 

Dyneaic  Data,  L/D 

■  1,  Double 

«0V 

PatMMttr 

Pa/Pa 

A|« 

a-  0.01 

1.0 

10. 

100. 

CX/(dpU» 

3 

0.1 

0.160 

0.192 

0.685 

0.852 

0.7 

0.447 

0.459 

0.907 

1.26 

4.0 

0.139 

0.142 

0.338 

1.43 

10 

0.1 

0.201 

0.212 

0.297 

0.372 

0.7 

0.422 

0.422 

0.482 

0.784 

4.0 

0.133 

0.133 

0.150 

0.704 

20 

0.1 

0.216 

0.217 

0.246 

0.325 

0.7 

0.408 

0.408 

0.424 

0.692 

4.0 

0.128 

0.128 

0.132 

0.399 

C^.ug/<W») 

3 

0.1 

0.00943 

0.00966 

0.0242 

0.0575 

0.7 

0.0319 

0.0320 

0.0396 

0.0795 

4.0 

0.0229 

0.0229 

0.0255 

0.0861 

10 

0.1 

0.0133 

0.0135 

0.0147 

0.0229 

0.7 

0.0321 

0.0321 

0.0325 

0.0454 

4.0 

0.0224 

0.0224 

0.0226 

0.0364 

20 

0.1 

0.0144 

0.0144 

0.0147 

0.0193 

0.7 

0.0314 

0.0314 

0.0315 

0.0379 

4.0 

0.0217 

0.0217 

0.0217 

0.0259 

3 

C.l 

7.01 

6.65 

1.18 

0.0306 

0.7 

4.60 

4.53 

1.82 

0.0463 

4.0 

2.67 

2.66 

2.23 

0.197 

10 

0.1 

3.83 

3.79 

1.69 

0.0431 

0.7 

3.55 

3.56 

2.99 

0.193 

4.0 

2.68 

2.70 

2.65 

0.965 

20 

0.1 

3.06 

3.08 

2.25 

0.0895 

0.7 

3.37 

3.45 

3.30 

0.600 

4.0 

2.66 

2.70 

2.69 

1.81 

Baag/Oa3^3) 

3 

0.1 

0.134 

0.134 

0.101 

0.00585 

0.7 

0.102 

0.101 

0.0654 

0.00707 

4.0 

0.0720 

0.0720 

0.0698 

0.0170 

10 

0.1 

0.0799 

0.0800 

0.0701 

0.00713 

0.7 

0.0646 

0.0651 

0.0634 

0.0183 

4.0 

0.0662 

0.0671 

0.0668 

0.0482 

20 

0.1 

0.0368 

0.0576 

0.0532 

0.0116 

0.7 

0.0378 

0.0603 

0.0601 

0.0358 

4.0 

0.0649 

0.0666 

0.0665 

0.0603 

Table  6  Dynes lc  Date,  L/D  •  2,  Double  Bow 
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Parameter 

P  ft 

■  a 

a,; 

a -  0.01 

1.0 

10. 

100. 

CK/ (ApLD) 

3 

0.1 

0.0888 

0.230 

0.794 

0.878 

0.7 

0.271 

0.347 

1.13 

1.28 

4.0 

0.111 

0.133 

0.925 

1.60 

10 

0.1 

0.117 

0.131 

0.333 

0.378 

0.7 

0.255 

0.260 

0.535 

0.805 

4.0 

0.105 

0.107 

0.243 

1.03 

20 

0.1 

0.120 

0.124 

0.253 

0.329 

0.7 

0.246 

0.248 

0.354 

0.739 

4.0 

0.102 

0.102 

0.139 

0.825 

CKang/(ApL3D) 

3 

0.1 

0.00749 

0.00980 

0.0463 

0.0641 

0.7 

0.0260 

0.0271 

0.0620 

0.0866 

4.0 

0.0207 

0.0211 

0.0462 

0.105 

10 

0.1 

0.0108 

0.0109 

0.0181 

0.0246 

0.7 

0.0262 

0.0262 

0.0316 

0.0502 

4.0 

0.0202 

0.0202 

0.0227 

0.0632 

20 

0.1 

0.0115 

0.0115 

0.0143 

0.0206 

0.7 

0.0256 

0.0256 

0.0271 

0.0449 

4.0 

0.0196 

0.0196 

0.0202 

0.0470 

B/(pL(J)3) 

3 

0.1 

17.2 

13.7 

0.0842 

0.0167 

0.7 

13.5 

12.4 

1.54 

0.0246 

4.0 

8.38 

8.24 

3.31 

0.0815 

10 

0.1 

13.4 

12.7 

1.98 

0.0302 

0.7 

12.2 

12.0 

5.96 

0.121 

4.0 

8.49 

8.48 

7.23 

0.574 

20 

0.1 

12.6 

12.4 

4.59 

0.0763 

0.7 

12.0 

12.0 

9.48 

0.438 

4.0 

8.48 

8.51 

8.14 

1.76 

B,„g/<Kl.3<|)3) 

3 

0.1 

0.517 

0.491 

0.100 

0.00306 

0.7 

0.377 

0.370 

0.130 

0.00359 

4.0 

0.267 

0.266 

0.187 

0.00716 

10 

0.1 

0.332 

0.328 

0.140 

0.00397 

0.7 

0.282 

0.281 

0.220 

0.0103 

4.0 

0.251 

0.252 

0.240 

0.0401 

20 

0.1 

0.276 

0.276 

0.192 

0.00729 

0.7 

0.268 

0.270 

0.252 

0.0323 

4.0 

0.249 

0.250 

0.247 

0.107 

:2? 
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INTRODUCTION 


Experiments  have  shown  that  steam* lubricated  bearings  can  be  operated 
satisfactorily  with  a  saturated  or  high-quality  steam  supply, 

However,  a  most  critical  problem  in  the  design  and  operation  of  these 
bearings  is  the  elimination  of  steam  hammer  instability.  The  mechanism 
for  this  instability  is  believed  to  be  associated  with  evaporation  of 
entrained  moisture  in  the  bearing  film  -  the  moisture  being  carried  into 
the  film  through  the  restrictor  from  a  wet  steam  supply.  Stable  operation 
has  resulted  when  the  moisture  fraction  in  the  supply  steam  was  kept  below 
a  limiting  level  which  has  been  between  0.5  and  1.5  percent  in  bearing 
experiments . 

In  order  to  minimize  the  entwined  moisture  in  the  steam  supplied  to  the 
bearing  film,  in  spite  of  a  higher  than  'd.erable  moisture  content  in  the 
steam  line  supply,  several  types  of  processing  units  have  been  evaluated. 
These  processors  function  either  by  evaporating  entrained  moisture,  using 
throttling  anc  reheat  processes,*-  or  by  separating  and  removing  entrained 
moisture  by  mechini  al  action  or  by  a  combination  of  these  approaches.  The 
processing  devices  were  tested  by  measuring  the  quality  of  the  steam 
they  delivered.  The  first  processor  tested  is  the  most  expensive  and 
largest,  but  also  the  most  flexible.  This  processor  is  a  long,  (4-ft.), 
spiral-finned,  double -concenti ic  tube  design  and  has  been  discussed  fully 
in  Ref.IV-1.  The  second  processor  tested  is  a  short,  (6-in),  spiral- 
finned,  single-tube  design.  The  third  processor  tested  is  a  relatively 
inexpensive,  commercially  available  separator. 

This  chapter  of  the  manual  dlso.sses  these  three  processors  and  their 
experimental  evaluation. 

^Bracketed  numbers  refer  to  identically  numbered  references  in  the 
Reference  section. 

**Electrical  heaters  would  certainly  serve  the  purpose.  However,  the 
electrical  energy  is  not  necessarily  available  In  all  applications 
and  therefore  not  considered  an  acceptable  solution. 


DESCRIPTION  OF  UNITS  TESTED 


In  the  actual  steam  bearing  application,  these  three  processing  devices 
would  be  used  in  conjunction  with  properly  designed  heetlng  and  supply 
manifolds.  See  Fig.IV-lfor  an  illustration  of  a  steam  bearing  employing  a 
dual-manifold  design.  The  jacketing  header  in  this  design  is  used  to 
supply  the  heat  load  to  all  bearing  walls,  including  the  wall  of  the 
journal.  The  supply  header  is  thus  protected  from  such  heat  losses  and 
supplies  a  high  quality  steam  to  the  supply  holes  in  the  bearing  wall. 

The  three  steam  processors  that  were  tested  are  described  below. 

The  Double-Concentric  Tube.  Long.  Spiral-Finned  Processor 

The  steam  supply  system  for  the  aouble-concentric  tube  spiral-finned 
processor  is  shown  schematically  in  Tig.IV-2.The  steam  flow  is  divided 
into  bearing  supply  and  jacketing  header  supplies  with  throttling  valves 
in  both  legs.  The  steam  enters  a  vertical  seccion  with  the  supply  header 
steam  passing  through  an  inner  tube  and  the  Jacketing  stecm  in  an  outer, 
concentric  tube.  A  cylindrical  insert  with  spiral  fins  was  installed  in 
the  inner  tube  forcing  the  steam  to  flow  in  an  upward  sriraling  path  of 
about  40  feet  total  flow  path  length.  The  intent  cf  this  design  was  to 
dry  the  supply  steam  by  a  process  of  throttling  followed  by  reheat 
(assuming  the  Jacketing  header  supply  is  not  throttled).  The  spiraling 
flow  path  induced  by  the  insert  fins  throws  water  droplets  onto  the 
outside,  hot  wall  of  the  inner  tube  where  tney  can  evaporate.  Also,  this 
spiral  path  was  relatively  long,  and  consequently  more  effective  in  reheating 
of  the  supply  steam.  At  the  exit:  of  the  processor,  the  jacketing  and 
supply  steam  flows  pass  through  concentric  supply  tubes  to  the  bearing  inlet. 
The  bearing  supply  steam  f’ows  through  th?  inrer  supply  tube  with  the 
Jacketing  steam  in  the  outer  tube. 

The  Single  Tube,  Short.  Spiral-Finned  Processor 

The  short  spiral-finned  processor  is  illustrated  by  a  detailed  akct:h  in 


Fig.  IV'  1  Cross  Sectional  View  of  Dus 1-Man  1  fold  Steam  Bearing 


•cri-tm 
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Fig.  IV -3.  The  operation  of  this  processor  is  similar  to  that  of  the  long 
sprial-finned  processor.  It  was  anticipated  that  this  processor  could 
effectively  replace  the  long  piocessor  by  separating  the  dirt  and  moisture 
content  from  a  saturated  bearing  steam  supply  by  a  spiraling  action  over  a 
short  compact  six-inch  section,  although  this  short  processor  would  lack  the 
flexibility  of  a  double-tube  design. 

The  operation  of  this  processor  may  be  clearly  understood  by  examining 
Fig.  IV-3.  Note  that  the  steam  inlet  directs  the  vet  steam  to  the  spiral 
flow  section.  At  the  end  of  the  spiral-flow  section  the  moisture  is 
collected  and  then  trapped,  or  drained.  The  dry  steam  is  then  directed 
out  of  the  processor  at  the  axial  center  line  of  the  flow  path. 

Commercial  Separator 

The  commercial  separator  is  illustrated  in  Fig.  1V-U  and  consists  of  a  carbon 
steel  housing  with  three  ports  and  an  internal,  stainless  steel  baffle  plate. 
A  top  port  provides  for  the  inlet  of  wet  unprocessed  steam.  The  bottom-side 
port  provides  an  exhaust  or  drain  for  separated  condensate.  The  bottom  port 
provides  the  outlet  for  processed,  high  quality,  clean  steam. 

The  operation  of  this  separator  is  extremely  simple  but  efficient. 

Entrained  moisture  and  any  entrained  solids  in  the  inlet  steam  are  separated 
from  the  roain  steam  flow  upon  striking  a  stationary  baffle  plate.  This 
baffle  plate  provides  a  centrifugal  action  casting  the  heavier  elements  to 
the  outside  of  the  flow  path.  These  elements  composed  of  condensate,  and 
dirt  particles  are  collected  on  the  housing  wall  and  rejected  from  the 
processor  through  the  bottom-side  drain.  The  dry,  clean  steam  is  in  the 
center  of  the  flow  path  and  is  collected  by  a  tube  near  the  center  of  the 
centrifugal  separator  element.  This  tube  delivers  the  processed  steam  to 
the  bottom,  outlet  port. 

These  separators  are  available  as  stock  items  in  many  sixes  withstanding 
pressures  to  4C0  pslg,  and  temperatures  as  high  a&  500°F.  The  small,  1/2" 
port,  site  is  capable  of  passing  flows  sufficient  to  supply  either  two  steam 


journal  bearings,  or  a  double-acting  steam,  thrust  bearing.  Higher  pressure 
and  temperature  separators  may  also  be  obtained  upon  special  request. 

The  spiraling  action  used  to  mechanically  separate  and  trap  the  finely 
dispersed  condensate  has  the  additional  advantage  that  it  also  tends  to 
separate  dirt  particles,  if  any,  from  the  bearing  supply  steam  thereby 
generating  high  quality,  clean  steam. 

In  all  steam  processing  systems  effective  separation  and  trapping  (draining) 
of  moisture  in  the  steam  supply  at  the  processor  and  ahead  of  the  bearing 
inlet  is  clearly  important  for  high  quality  control. 

For  moisture  separation  to  be  effective,  it  is  necessary  to  trap  or  drain 
the  separated  liquid  from  the  system  in  order  to  prevent  re-entrainment. 
Ordinarily,  this  was  done  from  the  drain  line  at  the  bottom  of  the  processor 
by  connection  to  a  steam  trap  (This  is  a  float-controlled  valve  which  opens 
to  discharge  water  when  the  accumulation  reaches  a  certain  level  and  then 
closes  to  keep  steam  from  escaping). 


Fig.  IV-4  CoiTclil  Separator 


TEST  APPARATUS 


A  schematic  of  the  apparatus  used  to  test  the  three  steam  proceaaors  is 
shown  In  Fig.IV-5.  This  test  apparatus  consists  of  three  main  elements 
namely,  the  steam  processor,  the  throttling  calorimeter  and  the  electric* 
heating  calorimeter. 

The  steam  processors  have  been  discussed  fully  in  the  previous  section. 

The  plumbing  of  these  three  processors  was  the  only  change  made  in  Che 
line  during  the  course  of  the  tests. 

The  throttling  calorimit'r  hi  '.en  reported  on  jlV-ljand  the  description  of 
this  particular  minaturized  U-path  type  calorimetei,  shown  in  Fig.  IV-6  will, 
also  be  described  in  this  report  for  completeness. 

In  this  calorimeter,  the  steam  is  expanded  through  a  0.044  inch  diameter 
orifice  into  a  mixing  chamber;  then  passes  down  the  outside  of  the  mixing 
chamber  and  exhausts  to  the  atmosphere.  Meet  losses  are  minimised  by  the 
outer  chamber,  by  installing  the  entire  calorimeter  in  a  small  t>iba  furnace, 
and  by  keeping  the  steam  feed  tube  very  shoi c  and  well  insilattd.  IVo 
thermocouples  arc  located  in  the  mixing  chamber  to  measure  the  temperature 
of  the  steam  following  expansion  through  the  orifice  plate.  A  third 
thermocouple  is  mounted  on  the  outer  wall  of  the  calorimeter,  next  to  the 
furnace  tube.  The  furnace  power  is  adjusted  with  an  autotransformtr  to 
maintain  an  outer  wall  temperature  about  10  degrees  below  the  mixing 
chamber  temperature.  Steam  quality  is  determined  from  the  measured  temp* 
ersture  (superheat)  after  throttling  to  atmospheric  pressure  and  from  the 
measured  line  pressure,  by  ae<vi*I~tg  a  constant  enthalpy  throttling  process. 

The  electric*heating  calorimeter  comprises  of  e  number  of  items,  namely, 
a  highly  insulated  electric  heating  device,  a  flow  Maturing  device  and 
two  pressure*tenperatbre  Uduti'rt. 


A  spiral- finned,  electrical  resistance  heater  of  2000  vatt  maximum 
capacity  vas  used  to  supply  the  heat  to  the  saturated  steam, which  flowed 
along  Its  20  Inch  spiral  path.  A  wattmeter  was  used  to  measure  the  power 
Input.  At  the  outlet  of  this  highly  insulated  heater  and  just  before  the 
thermocouple  and  pressure  tap,  stainless-steel  wool  was  used  to  steady  the 
turbulent  flow  of  steam.  This  system  was  calibrated  to  obtain  a  hr  t 
loss  to  surroundings  by  using  nitrogen  and  a  rotoawter  and  coshering  the 
measured  power  input  with  the  power  input  calculated  from  the  awasured 
flow  and  temperature  rise.  These  results  were  conflrued  by  obtaining  a 
similar  comparison  of  results  with  superheated  steam  as  Lhe  process  gas. 

It  was  determined  that  an  average  of  65  watts  could  be  assumed  lost  to 
the  surroundings. 

me  flow  measuring  device  used  is  sometimes  called  a  "hot-well".  The 
principle  of  this  device  Is  that  of  measuring  the  saturated  steam  condensing 
in  a  given  period  of  daw.  The  'Tiot-well"  consisted  of  a  standard  hot 
water  tank  with  a  3"  O.D.,  stand  pipe  and  1/2"  O.D.,  sight  gauge.  Initially, 
before  teats,  the  tank  was  filled  with  cold  water  and  the  level  marked. 
Superheated  steam  was  directed  into  this  tank  where  it  condensed.  Over  a 
period  of  recorded  time,  this  condensate  would  Increase  the  level  of  water 
in  the  stand  pipe.  At  the  end  of  the  test  this  final  water  level  was 
recorded.  Thus,  for  a  given  period  of  time  the  height  increase  of  water 
in  the  stand  pipe  indicated  the  steam  flow.  £  See  Appendix^ 

Pressure  gauges  and  thermocouples  were  used  to  measure  the  saturated  steam 
condition*  befote  the  heating  element  and  the  superheated  steam  conditions 
after  the  heating  element. 

A  description  of  the  steam  flow  path  might  better  Illustrate  the  principle 
of  operation  of  the  electric-heating  calorimeter.  Again  consider  the 
schematic  of  the  test  apparatus,  (Pig. IV*5) 
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Fig.  IV-6  Throttling  Calorimeter 
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Fig.  IV-7  Arrangement  for  Sampling  from  Steam  Line 
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The  steen  flows  from  the  steam  generator  into  the  steam  processor  at 
point  Q.  A  sampling  tee  Is  located  downstream  from  the  steam  processor 
and  is  used  to  deliver  a  sample  of  the  steam  to  a  throttling  calorimeter. 
Details  of  the  throttling  calorimeter  are  shown  in  Fig.lV6and  details  of 
the  sampling  tee  are  shown  in  Fig. IV-7.  A  separate  main  line  delivers  steam 
to  a  highly-insulated,  spiral- finned  electrical  heater  at  point(3) .  At 
this  point,  both  the  pressure  and  temperature  are  measured  and  recorded. 

At  point(?) ,  a  measured  amount  of  heat  is  supplied  to  the  saturated  steam 
in  order  to  superheat  it.  At  point (5)  ,  the  outlet  of  the  electrical 
heating  unit,  both  the  temperature  and  pressure  of  this  superheated  steam 
are  measured  and  recorded.  The  normal  flow  path  during  a  test  run  is 
through  valve(6)and  into  the  "hot-well".(T; .  However,  for  a  period  of 
time  preceding  each  run  the  flow  is  directed  through  valve  (?)  and  to  a 
trap,  or  drain.  This  period  is  necessary  to  obtain  a  steady  state 
temperature  equilibrium  throughout  the  steam-flow  system.  The  amount  of 
condensate  is  measured  by  the  rise  in  water  level  in  the  hot-well  stand 
pipe  over  a  given  petiod  of  time.  Usually  5  and  10  minute  runs  were 
made . 


By  recording  the  pressure  and  temperature  of  the  superheated  steam  at 
point (4s),  measuring  the  power  input  to  the  saturated  steam  in  order  to 
get  it  to  a  superheated  state  ~c*s.rioe  the  mass  flow  of  steam  and 
finally  by  recording  the  measurement  of  pressure  of  the  saturated  steam 
at  the  point  (z),  one  has  the  ingredients  to  determine  the  state  of  the 
saturated  steam,  and  thus  its  quality.  The  steady  state  energy  equation 
describing  this  process  may  be  expressed  symbolically  as, 


where, 


h 


1 


Q, 


and  Q 


enthalpy  of  saturated  steam  at  point(2)in 
Btu/lb 

enthalpy  of  superheated  steam  at  point  @in 
Btu/ lb 

Heat  Supplied  to  Steam,  Btu/lb.  ^See  Appendix] 
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The  enthalpy,  h, ,  of  the  superheated  steam  is  defined  by  knowing  the  pressure, 
Pg,  and  temperature,  Tj.  The  heat  energy  supplied,  Q,  is  determined  first 
by  measuring  with  a  wattmeter  the  power  supplied  by  the  electrical 'resistance 
heater,  and  modifying  this  input  by  the  power  los9  to  surroundings,  and 
second  converting  this  heat  energy  by  incorporating  the  steam  flow  measurement 
obtained  by  utilization  of  the  "hot-well".  The  steady-state  energy  equation 
is  then  used  to  calculate  the  enthalpy  of  the  saturated  steam.  Knowing  this 
enthalpy  and  the  pressure,  p^,  of  this  saturated  steam  one  can  determine  its 
quality. 
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TEST  PROCEDURE 

The  following  test  procedure  was  used  In  testing  the  three  ateea  procesaors. 

Steam  wee  supplied  to  the  particular  steam  processor  in  the  line  at  a  pressure 
Pj.  end  flowed  along  the  path  points  (1),  (2),  (3),  (4)  and  (5).  (See  Fig.IV-5). 
Heat  was  then  supplied  to  the  saturated  steam  at  point  (3).  After  an  initial 
'Vtarm-up"  period,  say  20  minutes,  all  temperatures  of  the  system  reached 
steady-state  equilibrium  and  the  flow  was  then  measured  by  incorporating  the 
"hot-well"  technique. 

The  steam  flow  path  during  the  flow  measurement  was  along  the  path,  points 
(1),  (2),  (3),  (4)  and  (6).  The  following  data  was  taken: 

-  pressure  of  saturated  steam,  psi 

T^  -  temperature  of  saturated  steam,  °F 

p,,  -  pressure  of  superheated  steam,  psi 

T^  -  temperature  of  superheated  steam,  °F 

<P  -  Electrical  Power  Input,  Watts 

i  -  total  rise  of  water  in  stand  pipe,  in 

t  -  elapsed  time  during  the  rise  of  water  in  stand  pipe,  min. 

and,  Tc  "  temperature  cf  steam  following  expansion  through  the  orifice 
plate  in  throttling  calorimeter,  °F. 
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Note  chat  at  points  (5)  and  gate  valves,  or  on-off  valves  were  used  to 
change  the  flow  path  and  that  the  flow  system  was  made  flexible  in  the  sense 
that  the  flow  setting  could  be  changed  with  the  globe  valve.  This  flexibility 
was  necessary  in  order  to  better  simulate  actual  bearing,  pressure-flow 
conditions. 

This  procedure  was  followed  for  all  pressures,  p^,  from  90  to  210  pslg  in 
increments  of  30  psig.  All  processors  were  tested  using  this  procedure. 

The  double-concentric  tube  processor  was  also  tested  to  study  the  effect  on 
quality  of  having  a  pressure  difference  between  the  inner  and  outer  tubes. 

Most  of  the  experiments  were  performed  with  the  steam  generator  supplying 
the  steam  operating  under  conditions  which  produced  very  low  quality  steam 
(typically  8-10  percent  moisture).  This  was  done  by  using  a  reduced  firing 
rate  and  supplying  cold  (about  60F)  feedwater.  This  is  regarded  as  an 
abnormally  high  moisture  content  -  ordinarily,  saturated  steam  line  supply 
qualities  are  believed  to  be  2  -  3  percent  moisture  which  is  in  line  with 
the  experimental  system  supply  when  operating  with  normal  firing  rate  and 
preheated  (120-130F)  feedwater.  However,  this  procedure  permitted  an 
evaluation  of  processor  performance  under  very  severe  conditions. 


The  results  of  the  tests  are  presented  in  the  next  section. 
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RESULTS 


The  results  of  the  processor  tests  ere  summer ized  end  presented  es  two 
tebles  end  two  grephs. 

The  notetlon  of  processors  or,  0  end  y  ere  used  in  presenting  the  results. 
Processor  a  is  the  double-concentric  tube,  long  spire 1- finned  unit, 
processor  0  is  the  single  tube,  short  spirel-finned  unit,  end  processor  Y 
is  the  1/2"  (pipe  connection)  commercisl  processing  unit. 

The  results  presented  in  TebleHttfor  processor  a  indlcete  the  coaperlson  of 
moisture  content  meesured  by  both  the  throttling  end  heeting  celorlmeters 
es  s  function  of  supply  pressure,  p^,  end  the  jecketing  tube  pressures. 

The  results  presented  in  Fig. ere  elso  for  processor  or  end  show  the 
reletionship  between  the  moisture  content  meesured  by  the  throttling 
celorlmeter  end  thet  meesured  by  the  heeting  celorlmeter. 

In  TebleDtt,  the  comperison  of  the  performence  of  the  three  processors  is 
shown  *s  e  function  of  supply  pressure,  p^.  Also,  the  results  using  no 
processor  ere  presented  to  show  the  effectiveness  of  the  processors  In 
reducing  the  steem  moisture  content. 

Flg4P9  shows  the  dete  for  processor  y  In  which  the  X  moisture  meesured  by 
the  heeting  celorlmeter  is  plotted  es  e  function  of  flow  rets.  This  curve 
illustretes  the  effect  of  flow  rete  on  the  efficiency  of  proceesor  Y. 


DISCUSSION  OF  RESULTS 


The  data  presented  in  Tab lelM show  that  there  la  a  definite  advantage 
at  all  supply  pressures  to  have  the  Jacketing  pressure  set  at  a  higher 
pressure  than  that  of  the  supply.  A  20  to  30  psl  pressure  differential 
between  jacketing  and  supply  tubes  delivers  the  highest  quality  steam 
compared  to  that  delivered  when  the  differential  is  10  psl,  or  aero  psl. 

The  outer  wall  temperature  of  the  supply  tube  will  approach  that  of  the 
Jacketing  saturation  temperature  and  provide  a  drying  mechanism  to  lower 
pressure,  lower  temperature  supply  steam.  Thus,  besides  a  spiral-action 
which  causes  the  entrained  moisture  to  be  directed  outward  to  the  wall  of 
the  supply  where  it  is  drained  and  trapped,  this  processor  also  provides  an 
added  drying  feature. 

One  should  note  that  in  Table  BH.  the  data  indicate  a  definite  trend  for 
the  X  moisture  content  measured  by  the  heating  calorimeter  to  be  higher 
than  that  measured  by  the  throttling  calorimeter.  This  is  typical  of  the 
results  for  all  three  processors. 

The  heating  calorimeter  is  regarded  as  the  sure  accurate  measurement 
device,  especially  when  the  moisture  may  not  be  evenly  distributed  in 
the  steam.  All  of  the  steam  passes  through  the  heating  calorimeter  while 
the  throttling  calorimeter  draws  a  sample  from  the  line  which  may  not  be 
repreeentatlve.  The  sampling  connection  used  with  the  throttling  calorimeter, 
shown  in  Flg.Bf-7,was  designed  to  give  a  representative  midstream  sample.  The 
comparison  between  qualities  measured  by  throttling  end  heating  calorlswter a 
for  processor  or  la  shown  In  FlgJQMl  The  results  show  no  consistent  relation¬ 
ship.  The  throttling  calorimeter  generally  indicates  a  lower  moiature  content 
than  the  throttling  calorimeter,  but  there  is  no  fixed  relationship. 

Frobably,  this  situation  reflects  the  variability  due  to  sampling  errors. 

Comparison  of  results  from  throttling  snd  heating  calorimeters  for  the  other 
two  processors  (table W0 shows  s  mors  consist  n  relationship.  These  data 
Indicate  that  the  moisture  frsctlons  measured  by  he  throttling  calorimeter 
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are  lover  than  those  measured  by  the  heating  calorlaeter  by  a  factor  of 
2.5  to  3. 

In  Table IV»2,a  comparison  of  the  results  of  the  three  processors  are  presented, 
along  vlth  data  taken  with  no  processor  In  the  steem  line.  These  comparative 
results  Indicate  that  the  concentric  tube,  long  spiral-finned  processor  (or) 
performs  better  than  the  others,  particularly  when  the  bearing  supply  Is 
throttled  belov  the  Jacketing  supply.  The  commercial,  mechanical  separator 
(y)  la  next  in  order  of  merit  and,  according  to  tne  results  given  in  Table IV-2 
it  should  probably  be  adequate  even  for  the  very  high  inlet  steam  Mixture 
fractions  used  in  these  teste.  The  short-path  spiral-finned  processor 
(0)  Is  least  effective.  All  of  these  processors  reserved  substantial  eaerunts 
of  entrained  moisture  from  the  vet  sream  supply. 

The  comswrclal  separator  offers  distinct  advantages  over  the  concentric 
tube,  long  spiral- finned  processor  with  respect  to  alee,  simplicity  and 
cost.  Therefore,  additional  experiments  were  performed  with  this 
separator  using  normal  steam  generator  operating  conditions  to  produce  more 
representative  inlet  steam  conditions.  The  effect  of  steam  flow  rate  was 
Investigated  during  these  experiments.  The  performance  of  this  type  of 
separator  should  be  flaw  dependent;  improving  with  Increased  flow.  The 
manufacturer's  recommended  flov  levels  for  the  model  used  are  160  lb/hr  at 
100  psig  pressure  to  250  lb/hr  at  200  psig.  These  levels  are  veil  above 
tho<-e  used  in  the  initial  tests.  The  effect  of  flov  rate  on  the  processor 
performance,  as  measured  by  heating  calarismter  and  using  normal  steam 
generator  operating  conditions,  is  shovn  in  Fig.!''*  As  expected,  the  outlet 
steem  moisture  fraction  falls  significantly  as  the  flov  increases.  The  rate 
of  Improvement  levels  off  around  15  percent  of  the  manufacturer's  specified 
flov  for  best  efficiency,  and  veil  above  the  flov  rate  used  in  the  earlier 
tests  -  indicating  that  the  performance  of  this  processor,  (v)  indicated  In 
TeblelPjvould  have  been  improved  considerably  if  higher  flov  rates  had  been 
used. 
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DISCUSSION  AND  CONCLUSIONS 

The  concentric  tube  long  spiral-finned  processor  has  been  used  in  the  steam 
supply  lines  for  exoeriments  with  externally-pressurized,  steam- lubricated 
journal  bearings and  with  a  thrust-bearing  model  configuration  consisting 
of  three  circular  pads,  each  witn  a  single,  centered  feedhole,  (lV-0. 
Satisfactory,  stable  operation  was  achieved  in  both  cases.  Under  some 
conditions,  it  was  necessary  to  operate  with  a  small  (10  to  20  pslg)  difference 
between  Jacketing  and  supply  pressures  in  order  to  nave  stability.  Recently, 
the  ccmercial  separator  has  been  used  with  the  three-pad  bearing  model  and 
this  processor  also  performed  satisfactorily,  producing  stable  bearing 
oparation  [jv-i]  • 

Evaluation  of  the  three  processors  ras  brought  out  the  following: 


1;  The  performance  ranking  of  the  three  processors  for  comparable 
flows  and  at  all  supply  pressures  is,  from  best  to  worst,  the 
double-concentric  tube,  spiral-finned  processor,  the  commercial 
processor,  and  finally  the  single-tube,  spiral-finned  processor. 

2)  The  performance  of  the  commercial  processor  improves  considerably 
at  high  flows  and,  although  this  processor  delivers  a  lower 
quality  steam  than  the  double  concentric  tube  spiral  finned 
processor  at  low  flow  rates,  it  does  deliver  steam  which  is  adequate 
for  use  in  a  steam  bearing  system.  Moreover,  at  high  flow  rates, 
indications  are  that  its  performance  is  comparable  with  the 
concentric  tube,  long  spt :  al-finned  processor.  The  moisture*  content, 
measured  by  the  heating  calorimeter,  is  equal  to  or  less  than  0.5* 
for  flows  greater  tutn  50  Ib/hr. 

3)  The  batting  calorimeter  measurements  indicate  thet  the  steam  is  of 
lower  quality  than  that  measured  by  the  throttling  calorimeter. 

for  the  double- concent r ic  tube  apiral  tinned  processor  the  relation¬ 
ship  between  the  two  types  of  measurements  varied  rather  widely 
with  the  heatine  calorimeter  indicating,  on  the  average,  1.5  times 
the  moisture  content  measured  by  the  throttling  calorimeter.  For 
the  cower c  1  ->  1  processor  the  ratio  was  on  the  average  2.5  to  1.0. 
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In  order  to  fairly  Judge  the  three  processors,  it  is  not  only  important 
to  compare  their  ability  to  deliver  clean,  dry  steam,  but  also  other  items 
that  shculJ  be  considered  are: 

a)  initial  cost 

b)  cost  to  fabricate  and/or  Install 

c)  ease  of  Implementation  into  the  overall  steam  system 

d)  compactness  in  size 

e)  flexibility  and/or  adjustability 

f)  amount  of  preventive  maintenance  required  or  reliability 

g)  useful  life  and 

h)  availability 

The  following  rating  table  can  then  be  prepared  for  the  three  processors 
(Rating  of  1  is  best  or  more  desirable). 


Consideration—,  Processor  — » 

a 

0 

Y 

Performance  (ability  to 
deliver  clean,  dry  steam) 

1 

3 

2 

a) 

Initial  cost 

3 

2 

1 

b) 

Fabrication,  installation  cost 

3 

2 

1 

c) 

East  of  implementation 

2 

1 

1 

d) 

Size 

3 

1 

2 

e) 

Flexibility 

1 

3 

3 

n 

Re! lability 

3 

2 

1 

g) 

Life 

2 

2 

1 

h) 

Availa1'  i  lity 

3_ 

2_ 

J_ 

Total 

21 

18 

13 

From  these  considerations,  it  appears  that  processor  -  y,  the  commercial 
processor,  is  the  best  choice  and  it  is  recommended  for  future  steam 
bearing  system  designs. 
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There  is  little  doubt  that  the  method  of  the  heating  calorimeter  employed 
in  these  tests  is  a  better  or  more  accurate  method  fer  determining  the 
quality  of  steam  in  comparison  with  the  throttling  calorimetry  method. 
However,  the  heating  calorimeter  is  also  much  more  difficult  to  apply  and 
to  operate,  it  requires  physical  space,  and  interpretation  of  results  is 
considerably  more  difficult.  In  particular,  use  of  the  heating  calorimeter 
requires  a  very  accurate  flow  measurement  which  is  extremely  difficult  in 
in  in-line,  continuously  operating  system.  Also,  it  would  be  necessary  to 
use  a  sampling  arrangement  with  the  heating  calorimeter  also  if  it  were 
applied  to  a  bearing  supply  system  and  this  would  adversely  affect  its 
performance. 

The  comparative  results  obtained  in  these  experiments  indicate  that  the 
moisture  fraction  measured  by  the  throttling  calorimeter  can  be  expected 
to  be  low  by  a  factor  of  1.5  to  2.5. 
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APPENDIX 


This  appendix  contain*  the  equation*  necessary  for  calculating  the  flow 
Eq.  (1)  and  heat  Input  Eq.  (2)  from  the  data  obtained  from  the  heating 
calorimeter  tests. 

The  total  volume  of  the  stand  pipe,  Including  the  sight  pipe  Is: 

Volume  ■  V  ■  Area  x  height  of  water  ■  A  x  1. 

The  Inner  diameter  of  the  stand  pipe  Is  2.848  in.  The  inner  diameter  of 
the  sight  pipe  is  0.375  in.  The  total  cross-sectional  area  Is  therefore 
A  ■  6. 48  ln^. 

The  flow  may  then  be  calculated  by  using  an  average  density  of  the  water  of 
3 

0  ■  0.0361  lb/ln  .  The  flow  equation  is  then  written  as: 

Flow  »  Vp/ (minutes)  »  6. 481  x  0.0361/t 

Flow  (lb/ min)  -  0.234!/t  (1) 

Flow  (lb/hr)  -  141/ t, 

where  1  ■  height  of  water.  In. 
t  “  time,  min. 

Using  a  conversion  constant  of  l  watt  •  3.42  Btu/hr. ,  the  heat  Input,  Q 
nay  be  calculated  as: 

Q(Btu/lb)  -  Watts  x  3.42/Flow  (Ib/hr)  -  3.42f/Flow 


Q(Btu/lb) 


(2) 
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INTRODUCTION 

In  the  design  of  ges  bearings  for  U6e  In  rotetlng  machinery  such  as  turbo* 
equipment,  motors  end  generators,  thermal  gradlenta  muat  be  anticipated  and 
the  queatlon  arises  concerning  practical  limlta  for  gradients  In  the  bearing 
region.  Utilizing  standard  thermal  analysis  techniques  the  radial,  axial 
and  circumferential  gradients  existing  in  the  bearing  region  may  be  computed. 
The  resulting  thermal  distortions  of  the  bearing  may  result  In  out-of- 
roundness,  misalignment  and  tapers  of  the  bearing  components.  It  la 
distortions  of  this  nature  that  the  gas  bearing  designer  should  be  concerned 
with  in  regards  to  their  effect  on  bearing  performance.  Certainly  distortions 
must  be  limited  to  within  the  clearance  limits  of  the  bearing.  But  the 
question  arises  as  to  what  effect  these  distortions  might  have  on  the  load 
capacity  and  stability  characteristics  of  the  bearing.  It  Is  possible  to 
analytically  examine  some  of  these  distortions  by  introducing  the  local 
variations  in  film  clearances  in  the  governing  Reynolds'  equation  for 
pressure  generation  in  the  bearing.  Considerable  experimental  work  has  been 
done,  however,  which  can  provide  sufficient  design  direction  for  many  design 
applications.  In  general,  imperfections  of  the  journal  such  as  surface  finish 
and  out*of*roundneas  are  averaged  out  by  the  bearing.  This  implies  that  the 
average  clearance  can  be  utilised  to  predict  bearing  performance.  Results 
proving  this  point  have  been  reported  in  Ref.  P-l,  and  essentially  can  be 
used  in  the  design  of  steam* lubrlcs ted  journal  bearings. 

Steam  lubrication  implies  elevsted  operating  temperatures  and  also  raises 
the  possibility  of  phase  change  with  very  large  accompanying  change  in 
specific  volume  of  the  lubricant  as  it  passes  through  the  bearing.  There 
have  been  numerous  laboratory  investigations  and  practical  applications  of 
gas* lubricated  bearings  operstlng  at  elevated  temperatures.  Prior  to  recent 
work  on  steam* lubricated  journal  bearings,  there  was  very  little  experience 
with  phase  change  effects  other  than  a  brief  investigation  of  steam* lubricated, 
self-acting  bearings,  (Ref.  V*2),  and  some  investigation  of  the  effects  of 
severe  bearing  surface  cooling  on  thln-fllm  pressure  flow  in  a  configuration 
resembling  a  thrust  bearing,  (Ref.  V*3).  Both  of  these  investigations 
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Indicated  that  phase  change  effects  can  be  significant. 

The  most  critical  thermal  design  problem  associated  with  steam-lubricated 
bearings,  is  not  that  of  high  temperature  gas  bearings  -  thermal  distortions,  but 
that  of  steam-hammer  instability  brought  about  by  phase  changes  in  the  lubricant. 
Steam  hammer  is  manifested  as  a  vibration  of  the  shaft  within  the  bearing 
clearance  which  can  be  quite  violent,  resulting  in  impact  of  journal  and  bearing 
surfaces.  8team  hammer  is  associated,  only,  with  the  use  of  a  condensable  vapor 
lubricant.  That  is,  there  is  no  evidence  of  instability  when  using  hot  air 
instead  of  steam  as  the  lubricant.  The  experimental  findings  led  to  analytical 
investigation  of  two-phase  flow  in  thin  films,  aimed  at  providing  insight  into 
the  nature  end  cause  of  steam-hammer  instability.  A  generalised  solution  of  the 
problem  wee  formulated  and  a  limited  numerical  analysis  was  carried  out  (Kef.  V-5). 
The  analysis  indicated  that  evaporation  of  entrained  moisture  in  the  film  is 
most  likely  the  cause  of  steam-hammer  instability.  Entrained  droplets  of 
saturated  water  entering  the  bearing  film  evaporate  by  boiling  at  the  droplet 
surface  under  the  influence  of  the  film  pressure  gradient  (as  the  droplet  moves 
through  the  film,  it  experiences  a  steadily  falling  ambiant  pressure).  The  heat 
of  vaporisation  is  suppllad  principally  from  tha  internal  energy  of  the  remaining 
liquid  within  tha  droplet.  Droplet  evaporation  alters  tha  film  pressure 
distribution  and  instability  can  result.  The  experimental  findings  support 
this  hypothetical  explanation  of  steam-hammer  instability.  There  is  a  correla¬ 
tion  between  the  supply  steam  quality  and  bearing  stability. 

Consistently  stable  operation  was  obtained  with  external ly-pressurlsed  Journal 
bearings  by  using  a  steam  processor  and  a  dual-manifold  bearing  design.  The 
steam  processor  is  to  dry  the  steam  supplied  to  the  bearing  film.  The  dual- 
manifold  arrangement  includes  a  Jacketing  header  to  control  tha  bearing  and 
shaft  temperature  with  very  little  loss  of  heat  from  the  steam  in  the  separate 
header  which  supplies  the  bearing  film.  Tha  Jacketing  header  is  filled  with 
stean  at  or  above  the  supply  header  pressure.  The  shaft  and  bearing  tessperatures 
are  maintained  close  to  tha  supply  steam  saturation  temperature  by  condensation 
of  steam  in  the  jacketing  header  to  supply  the  heat  losses.  With  these  features, 
the  bearings  have  consistently  operated  stably  in  a  room  temperature  environment 
and  with  no  source  of  heat  other  then  the  steam  supply. 
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The  evaluation  of  various  steam  processors  has  been  carried  out  In  another 
chapter  of  this  manual.  Accordingly,  this  chapter  Is  a  design  guide  which 
discusses  the  dual*manlfold  (header)  bearing  features  illustrating  the  typical 
temperature  fields  of  the  bearing  sleeve,  lubrication  film  and  the  shaft. 

Design  variables  such  as  length  to  diameter  ratio,  clearance  ratio,  thermal 
conductivity,  shaft  diameter  *nd  wall  thickness,  bearing  wall  thickness,  etc. 
are  discussed  with  reference  to  how  these  may  be  chenged  to  prevent  or 
minimize  condensation  within  the  bearing  film  which  in  turn  will  eliminate 
evaporation,  lecommendations  are  given  on  the  necessary  manifold  pressures  and 
shrouding  requirements  for  steble  operation. 
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PISCUSSIOH  OF  DUAl-HEAPE*  BEARING  DESIGN 

Schematic  diagrams  of  the  dual *mani fold,  slngle-admlsslon-plsne,  steam  journal 
bearing  Is  shown  inFig.  V-la  and  the  dual-manifold,  double-admission-plane, 
bearing  Is  shown  In  Fig.  V-lb.  Both  designs  feature  a  dual-header  system  with 
an  Inner  header  which  supplies  steam  to  the  Inherently  compensated  restrictors 
(feed  holes)  end  an  outer  header,  covering  most  of  the  bearing  axial  length. 

The  bearing  sleeve  sutroanding  the  shaft  has  a  wall  thickness  as  small  as  possible. 
The  walls  of  the  inner  sunt  fold  are  also  made  purposely  thin  to  provide  e  maximum 
amount  of  heat  transfer.  The  outer,  or  Jacketing,  header  is  intended  to  supply 
the  heat  load  represented  by  conduction  across  the  flexible  mount  to  the  bearing 
housing,  convection  to  the  environment,  and  by  conduction  across  the  clearance 
space  to  the  shaft  with  induction  along  rhe  shaft.  The  objective  Is  to  supply 
this  heat  load  by  condensation  of  the  steam  in  the  jacketing  header  with  the 
least  possible  heat  loss  from  the  steam  feeding  the  bearing  film.  The  condensing 
steam  must  either  be  vented  from  the  jacketing  header  to  the  housing  cavity  from 
e  small  fixed  orifice,  or  bled  to  an  external  trapping  arrangement.  The  orifice 
or  trap  take-off  Is  located  c  .  one  end  et  the  lowest  point  on  the  jacketing 
header.  The  inner,  supply,  header  and  the  outer,  jacketing,  header  ere  supplied 
with  steam  from  separate  lines  end  they  ere  sealed  so  that  It  Is  possible  to 
operate  with  different,  independently  controlled  pressures.  The  entire  bearing 
ts  also  enclosed  by  housing  walls  separating  It  from  the  ambient  air.  Axial 
shaft  clearance  seals  installed  in  the  housing  are  used  in  this  design.  The 
clearances  may  be  of  the  order  of  ten  times  the  bearing  clearance. 

As  indicated  in  lef.  V-u  end  V-h,  this  type  of  duet -manifold  arrangement  for  a 
wide  range  of  operating  conditions,  provides  for  an  isothermal  vapor  film  and 
the  needed  flexibility  for  control  of  steam-hammer  Instability.  By  jacketing 
the  vapor  lubrication  file  with  a  manifold  of  condensing  supply  steam, one  can 
maintain  the  bearing  end  shaft  surfaces  of  the  "apor  lubrication  film  super¬ 
heated  with  respect  to  the  lots?  saturation  temperature  of  the  film.  This  super¬ 
heated  film  condition  can  be  obtained  with  etenderd  beering-eheft  configurations 
end  materials-  This  type  of  manifold  jacketing  will  prevent  condensation  from 
occurring  !n  the  lubrication  film  if  properly  designed.  Figure  V-2  taken  from 
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Kef.  V-6  illustrates  that  the  film  <s  essentially  isothermal,  and  further 
indicates  that  the  po'~‘  of  moat  concern  is  at  the  entrance  to  the  bearing  film. 
Notice  that  the  shaft-  temperature  has  the  least  margin  over  the  local  film 
saturation  temperature  at  this  point.  Thus,  if  the  engineer  can  design  the  dual* 
header  bearing  such  that  the  shaft  temperature  at  the  entrance  to  the  film  has  a 
value  somewhat  higher  chan  the  local  saturation  film  temperature  at  this  point, 
he  should  have  a  stable  design. 

Recent  experimental  investigations  (Ref.  V-7)  of  the  dual-header  bearing  design 
indicate  that  the  stability  of  this  steam-lubricated  journal  bearing  is  definitely 
load  sensitive.  A  larger  load-carrying  capacity  requires  a  larger  Ap  between 
Jacketing  and  supply  manifolds.  Under  zero-load  applications  usually  a  AP  <  10 
psi  is  sufficient,  however,  for  maximum  load  applications  a  Ap  *  30  psi  is 
recommended. 
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THEORETICAL  APPROACH 

The  basic  assumptions  and  equations  for  studying  the  thermal  environmental  problem 
are  completely  covered  in  Ref.  V-6,  and  will  not  be  repeated.  However,  design 
data  has  not  been  generated  in  this  reference  and  that  will  be  the  main  objective 
here. 

The  steam  bearing  thermal  model  is  illustrated  in  Fig.  V-3.  This  figure  presents 

the  nomenclature,  temperature  conditions,  and  energy  balance.  By  making  one  more 

assumption,  i.e.  that  in  the  so  called  flow  region  the  flow  is  considered 

dH  dT  * 

negligible,  or  ~  *  wc^  ^  0,  where  w  is  the  mass  flow  and  H  is  the  time  rate 

of  change  of  the  total  enthalpy,  the  solution  of  the  problem  becomes  greatly 
simplified  and  more  amenable  for  design  calculations. 

Thus,  for  the  trapped  region  the  solution  to  the  problem  as  indicated  in  Ref.  V-6 


0=0 
s  so 


['^(r  +  r\L 


cosh  ~  Vp* 


which  satisfies  the  boundary  conditions  that  0  (x  *  0)  *  0  and  D  0  (x  *  —  — ) 

^  s  so  s  i 

*  0,  where  D  denotes  — . 

dx 

For  the  flow  region  the  steady-state  equations  reduce  to  a  second  order,  ordinary 
differential  equation  with  constant  coefficients  similar  to  the  trapped  region. 
Thus,  for  the  flow  region 


<D‘  -  A)  0g  -  0 


with  the  boundary  conditions, 


i 


Trapped  Region  Ienperature  Field*  »nd  Energy  Ralance 


Flow  legion  Tenperaturt  Field*  «od  Energy  S*laoce 

Fig.  V-3  Thera*  1  Hbde  1 ,  Temperature  Fields  and  Energy  BaUoce 
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!.  (*  •  r>  '  1 


D  *.  <*  "  0,Eq.  2.  *  D  *.  <*  ‘  1 


0,  (X  ■  0)  -  0(O 


In  Eq.  (I)  0  la  defined  aa, 


2*0.  a  +  h 

\r2  /  J  lk6  r3  kf  r2 


In  Eq.  (2a)  £  ia  defined  aa. 


£  •  — 


For  all  practical  purposea  h^  •  Alao  note  that  r#  »  r2  +  C,  ao  that 

|n  —  *•  §  and  that  - J —  + - H C  (-v— ) ,  where  r_  »  R.  Therefore, 

r2  R  r2  hf§  r3  hfcf  R  kf  2 


0  •  £  ■ 


Now,  the  general  aolution  to  Eq.  (2a)  la  written  aa 


*.  -  C1 


e^1  +  C2  e  ~'f& 


.  —  2x 

where  x  •  — *  . 

D 


The  conatanta  C, ,  C,  and  t „  are  determined  from  the  three  condltlona  atated  aa 
i  i  io 
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Eq.  (2b). 


The  aclution  la 


0,  -  0,o  ^coah  (\/a|x)  +  tanh  (“V^A)  «inh  (V^|x)J,  (7) 

where  0§o  -  £coah  +  tenh  (jp/J)  ainh  —  (8) 

In  che  above  equation  0  la  the  temperature  difference  ratio,  (T  -  T  y(T  —  T  ) 

a  mam  ae 

where  la  the  known  Jacketing  manifold  temperature,  T#  ia  the  unknown  ahaft 

temperature  and  T#e  ia  the  aaaumed  known  temperature  of  the  ahaft  at  the  exit  of 

the  bearing.  In  moat  application!  the  deaigner  would  not  neceaaarily  know  the 

value  of  T(e  but  could  probably  determine  a  value  or  range  of  values  for  the  heat 

tranafer  from  thia  point  either  along  the  shaft  and/or  to  the  ambient.  Thus, 

another  form  of  the  solution  would  be  to  eliminate  the  temperature  difference, 

T  —  T  .  and  include  the  heat  tranafer  rate,  q  . 
n  se  86 


Thus, 


■  ff.'V  "  <'21 2-ri2>  <*  -  r  >• 


Using  Eqs.  (7),(8)  &  (9)  one  obtains  the  following  result, 


♦ao- 


*1  >  ks  ^m  -  T,o> 
«ae  L 


-  jjjV^[Blnh  +  tanh  (~^A)  x 

x  cosh^A^ 


There  are  two  usual  design  configurations:  namely,  the  single-row  design  where 

^*1  1*2  1  L.  L_ 

v—  ■  0  and  x—  *  ■?,  and  the  double-row  design  where  — i  «  — £  and 

ill  22 

1  Li  Lo 

k  m  ~  ~  m  1  For  these  two  cases  Eq.  (10)  reduces  to 

2  2  2  2 
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£  ,lnh  <£©]  1 
£  2  £  ainh  V©  J 


f 


■ingle-row 

double-row. 


(U) 


These  equations  have  been  plotted  in  Fig.  V-4  and  the  discussion  of  this  figure 
follows. 
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THEORETICAL  RESULTS  AND  GUIDELINES 

Figure  V-4  illustrates  the  variation  of  with  ^  for  both  the  single-row 
(solid  line)  and  double-row  (dotted  line)  dual-header  bearing  design.  Figure 
V-5  is  a  plot  of  pressure  versus  the  corresponding  steam  saturation  temperature. 
This  plot  is  used  in  conjunction  with  Fig.  V-4  when  making  design  calculations. 
Some  general  and  specific  observations  can  be  made. 

General  Guidelines 

In  general,  for  a  given  heat  transfer  rate,  f  should  be  made  as  small  as 
possible  such  that  the  difference,  (Tn  -  T>q)  Is  minimized.  This  will  provide 
the  largest  potential  for  satisfying  that  Tgo  be  larger  than  the  local  film  sat¬ 
uration  temperature  and  thus  minimize  the  possibility  for  condensation  at  the 
entrance  to  the  film.  Naturally,  this  is  accomplished  by  making  j\^aa  large 
as  possible.  By  further  examination  of  Fig.  V-4  one  notes  that  for  a  fixed 

the  double-row  design  has  a  larger  value  of  tgQ  than  the  single-row  design, 
indicating  that  the  single-row  design  would  provide  the  larger  margin  oi  safety 
against  the  formation  of  condensation. 

The  complete  heat  transfer  analysis  developed  in  Ref.  V-6  has  been  used  to  run 
extensive  checks  on  this  simplified  theory.  Typical  values  of  C/R,  L/D,  tg,  tb. 


establish  the  normal  design  range  of  L/D  yA  and  a  comparison  of  this  simplified 
analysis  with  the  more  exact  analysis  presented  in  Ref.  V-6. 


Parameter 

TABLE  OF  VALUES 

Min.  Value 

Max.  Value 

C/R  (ml  Is/ in. ) 

0.5 

1.5 

L/D 

0.5 

2.0 

tg  (in.) 

0.125 

0.5 

tb  (in.) 

0.125 

0.5 

0  (in.) 

2.0 

6.0 

[Btu/ (hr-ln. -°F) 3 

0.0833 

8.33 

kg  [Btu/ (hr-ln. -°F)3 

0.0833 

8.33 

Fig.  I* 5  }CMa  Prtiiurt  Verm  Corr ••food lag  Saturation  T«pttit«r» 
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By  asking  nuaerou*  computations  with  the  alnlaua  and  aaalaua  -valuta  of  tha 
paraaactra  luted,  on*  coaea  to  tha  eonclualon  that  tha  noraal  oparatlng  range 
for  jj^Zla,  0. 75  <  j*  <  4.0.  However,  experience  lndleataa  that  to  hava  aoaa 
aaauranca  that  eondanaatlon  will  not  fora  at  tha  flla  antranea  should  ba 
greater  than  1.75  for  a  single-row  daalgn  and  £^Z*should  ba  graatar  than  2.0  for 
a  doublfrov  daalgn.  Bxperlaental  data  for  tha  elngle-row,  dual-haadar  journal 
baarlng  dlacuaaad  to  Chaptar  XX  of  thla  annual  ara  auparlapoaad  on  thla  figura 
llluatratlng  thla  point. 

For  a  glvtn  value  of  j»\^&  <  2.5  tha  alapllflad  thaory  pradleta  althar  an  equal 
or  a  largtr  valua  for  d  than  tha  nor a  coaplata  analyala  of  Btf.  V-6.  Thus, 
tha  alapllflad  thaory  haa  a  built-in  aafaty  factor. 

A  ganaral  gulda  to  alnialaa  tha  foraatlon  of  eondanaatlon  and  anhanca  tha  protee- 
tlon  agalnat  stean-hanaer  lnatablllty  la  tot  1)  alnialaa  t  ,  t^  and  with. 
kf  having  tha  atrongaat  affact,  and  2)  aaslaita  and  £  with  j  having  tha 
atrongar  affact. 

iPtrtfcrftmUMt  trt  MuSKUtmw 

Further  ladlcatlona  ara  that  tha  variation  of  £  froa  ita  alnlaua  to  aaalaua  valuo 
haa  Uttla  affact  on  tha  change  in  tha  taap ara turn  difference,  (T  -  T#0)  and 
ueually  tha  aaallar  valua  of  £  la  boat,  lioea  aaallar  valuer  of  £  can  uauelly 
bring  about  other  p rob Iona  it  1*  reeoaaeaded  that  £  «*  ’.0  all/ln.  bo  uaad  when¬ 
ever  poaelble  aa  a  firat  daalgn  eholco. 

within  the  range  of  value a  Indicated  la  tha  table  for  tha  shaft  wall  thlckaeea, 
t>#and  bearing  wall  thickness,  tethers  la  a  moor  Influence  on  the  change  in  tha 
tenpe return  difference,  -T#0).  The  aaallar  tha  thlckaeea  the  batter  but 
certainly  other  daalgn  coaaldarattona  euth  oa  ahaft  weight  and  rigidity  nuat  bo 
factored  Into  tha  o-eroll  daalgn.  Xt  la  recoaneaded  that  tha  ratio  of  t/D  • 

5/32  be  coneldered  firat.  For  a  journal  diaaeter  of  two  lnchaa  thla  would  aako 
tfc  •  t  •  3/ Id  In.  fer  a  four  Inch  diaaeter  t^  •  t§  •  3/9  la.  At  tha  journal 
alee  la  lncreaaad  above  a  four  lath  diaaeter  It  la  reeoaaeaded  that  a  aaalaua 
valua  of  eay ,  •  t#  •  1/2  Inch  bo  weed. 
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Once  a  rotor  layout  Is  available  the  rotor  diameter  and  bearing  reactions  can  be 
obtained.  Usually  the  load-capacity  or  stiffness  requirements  fix  the  bearing 
length  and  thus  the  L/D.  One  normally  trys  to  design  using  an  L/D  *  1.  However, 
in  some  instances  it  might  be  necessary  to  decrease  the  bearing  length  because  of 
axial  spacing  limitations.  This  could  lead  to  higher  hearing  flows.  From  the 
thermal  design  standpoint  the  larger  the  L/D  the  better.  Usually  the  range  of 
L/D  is  from  1/2  to  2.  It  is  recommended  that  one  try  the  initial  design  setting 
L/D  *  1  and  if  the  margin  of  safety  is  still  fudged  insufficient  go  to  L/D  *  1-1/2 
as  a  maximum.  One  should  normally  try  to  ivoid  bearings  with  L/D  <  1. 

Another  parameter  which  has  a  considerable  effect  in  the  thermal  design  is  the 
thermal  conductivity  of  the  shaft,  kg.  The  thermal  conductivity  of  the  bearing, 
k^,  within  the  range  of  values  in  the  table,  has  a  minor  effect.  By  designing 
with  a  stainless  steel  shaft  rather  than  a  plated,  mild-steel  shaft  one  gain*' 
considerably  in  the  thermal  design.  It  is  recommended,  therefore,  that  for  the 
Initial  design  one  should  try  to  use  a  400  series  stainless  steel  which  has  an 
average  thermal  conductivity  of  1.1  Etu/ (hr-in. -°F) . 
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Subscripts 

b 

f 

m 


•e 


bearing  radial  clearance,  in. 

constants  defined  by  Eqs.  (2b)  and  (6) 

specific  heat  at  constant  pressure ,  Btu/ (lb-°F) 

differential  operator  ■  —,  also  journal  diameter  ,  in. 

total  enthalpy,  (Btu/hr) 

specific  enthalpy,  (Btu/lb) 

film  coefficient  between  mediums  i  and  j,  Btu/ (hr-in^-°F) 
thermal  conductivity  of  medium  i,  Btu/(hr-in. -°F) 
total  length  of  journal  bearing,  in. 

distance  between  admission  planes  (L^  *  0  for  single  plane 
admission),  in.  A 

L  -  L1,  in. 

heat  rate,  Btu/hr 

journal  radius,  in. 

inner  and  outer  radii  of  shaft  and  bearing,  in. 
temperature,  °F 

thickness  of  wall  of  item  "I",  in. 

mass  flow  rate,  lb/hr 

2x/D 

axial  coordinate,  in. 
defined  by  Eqs.  (3)  and  (5) 
defined  by  Eos.  (4)  and  (5) 
defined  by  Eqs.  (10)  and  (11) 


bearing 

film 

jacketing  manifold 
shaft 

shaft  condition  at  film  exit 
shaft  condition  at  film  entrance 


so 
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INTRODUCTION 


A  number  of  requirements  must  be  consideted  in  the  selection  of  any  process 
fluid-lubricated  beating  materials.  These  include  the  following: 

•  Dimensional  stability  to  both  external  stresses  and  internal 
metallurgical  changes. 

•  Matched  coefficients  of  thermal  expansion  between  the  journal 
and  the  bearings  to  maintain  design  clearances. 

•  Corrosion  resistance  to  the  environment. 

•  Erosion  resistance  (in  the  case  of  externally  pressurised  bearings). 

•  Good  sliding  compatibility  to  prevent  surface  damage  or  excessive 
wear  during  sliding  contacts  at  both  low  and  high  sliding  velocities. 

•  Ease  of  fabrication. 

Past  experience  in  the  design  and  fabrication  of  bearing  systems  which  must 
operate  over  a  wide  temperature  range,  has  shown  that  a  step-by-step  approach 
in  material  selection  is  preferable  to  reconcile  all  of  the  system  require¬ 
ments.  If  one  attempts  to  select  a  given  shaft  and  bearing  combination  to 
satisfy  ull  of  these  requirements  in  one  package,  the  problems  are  almost 
insurmountable.  The  most  logical  breakdown  in  material  selection  is  to  choose 
one  base  material  with  the  required  bulk  properties  such  as  adequate  strength, 
stability  and  corrosion  resistance.  Having  established  the  identity  ar.d 
characteristics  of  this  base  material,  coating  or  surface  modifications 
can  then  be  used,  if  necessary,  for  improved  surface  characteristics  such  as 
erosion  resistance  and  sliding  compatibility.  This  approach  alsc  eliminates 
the  problem  of  matching  thermal  expansion  characteristics  since  the  same 
base  material  can  be  used  for  both  the  jcurnal  and  bearings. 

There  are  a  number  of  dimensionally  stable,  high  strength  alloys,  with  g*  'd 
corrosion  resistance  to  steam  in  this  temperature  range,  which  could  be  used 
as  the  base  material  for  the  jrurral  and  bearings-  These  include  r bait  a 
nickel-base  superalloys  and  a  number  of  stairless  steels.  In  tie  f  ilowing 
table,  the  dimensional  changes  which  resulted  from  exposure  of  typical  alLvs 
to  steam  are  shown. 
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Temperature 

600  C 

Temperature 

700  C 

Material 

Thickness 

Increase- 

mils 

Exposure 

Time- 

davs 

Thickness 

Increase 

mils 

Exposure 

Time- 

davs 

Type  347  Stainless  Steel 

+  0.5 

312 

+  1.3 

371 

Stellite  6 

-  0.1 

371 

-  0.3 

371 

Inconel  600 

+  0.1 

371 

+  1.1 

371 

Type  446  Stainless  Steel 

+  0.1 

90 

— 

— 

With  the  possible  exception  of  Stellite,  none  of  these  alloys  would  have  good 
sliding  characteristics  in  steam. 

To  improve  the  sliding  behavior  of  these  alloys,  there  are  many  coatings  or 
surface  modifications  available.  In  general,  these  surface  coatings  can  be 
classified  into  two  categories: 

•  Soft,  self- lubricating  films. 

•  Hard,  wear-resistant  coatings. 

The  former  category,  self-lubricating  films,  has  very  limited  applicability  to 
the  steam  bearing  problem.  Few,  if  any,  of  these  soft  coatings  would  be  able 
to  withstand  the  steam  environment,  even  at  moderate  temperatures. 

The  latter  category  of  hard,  wear-resistant  coatings  includes  both  diffusion 
coatings  such  as  nitriding,  chromizing,  etc  ,  and  surface  coatings  such  as 
platings  and  plasma-sprayed  coatings.  MTI  has  had  considerable  success  in 
ga 8  bearing  applications  with  plasma-sprayed  coatings  and  has  also  used  these 
coatings  successfully  in  short-time  steam  bearing  tests.  Combinations  of 
these  coatings  have  been  found  which  have  excellent  sliding  behavior  during 
starts  and  stops  and  for  high  speed  rubs  (Refs.  VI”1,2)-  They  are  far  superior 
to  the  diffusion  coatings,  such  as  nitriding,  as  far  as  resistance  to  sliding 
damage  is  concerned . 

In  addition,  they  can  be  applied  to  almost  any  metallic  surface.  Previous 
work  has  also  demonstrated  that  many  of  these  plasma  coatings  are  very 
corrosion  resistant,  can  withstand  high  temperature  steam  exposure,  and  have 
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good  adherence  to  the  substrate  In  air  at  temperatures  up  to  at  least  1600  F 
(Ref . VI-2).  The  major  questions  in  the  use  of  these  coatings  i.  their  ability 
to  withstand  erosion  damage  in  long  time  steam  service. 

Erosion  damage  can  occur  in  the  vicinity  of  the  restrictors  of  externally 
pressurized  steam* lubricated  bearings.  In  this  type  of  bearing,  the  pressure 
in  the  bearing  film  which  is  necessary  to  "float"  the  rotor  is  produced  by 
supplying  pressurized  steam  to  the  film  through  feedholes,  or  restrictors,  in 
the  bearing  wall.  The  steam  is  supplied  through  the  restrictors  in  order  to 
give  the  bearing  stiffness.  Part  of  the  supply  steam  pressure  is  expended  by 
expansion  through  the  restrictor  with  the  remainder  of  the  expansion  taken 
across  the  bearing  film.  Figure  Vl-1  illustrates  the  restrictor-film  geometry 
(for  inherent  restriction  which  is  normally  used  in  steam- lubricated  bearings) 
and  shows  the  steam  pressure  distribution.  As  the  steam  expands  outward 
through  the  annular  restrictor  area,  it  accelerates  to  high  velocities  and 
erosion  may  occur  on  the  bounding  surfaces. 

Even  small  changes  in  feedhole  size  at  the  exit  or  a  slight  degradation  of 
the  shaft  surface  may,  over  a  long  period  of  time,  result  in  significant 
changes  in  the  bearing  characteristics.  Erosion  can  result  from  the  intro¬ 
duction  of  small,  gas-borne  particles  from  the  delivery  piping,  or  i t  can  be 
a  chemical  and/or  physical  effect.  The  former  problem  can  be  alleviated  by 
proper  choice  and  corrosion  protection  of  piping  materials,  good  housekeeping 
in  assembly  and  the  use  of  filters.  For  the  latter  problem,  corrosion- 
resistant  materials  must  be  used,  since  corrosion-resistance  generally  implies 
some  measure  of  erosion  resistance. 

As  noted  earlier,  there  are  a  variety  of  materials  available  with  suitable 
corrosion  resistance  to  high  temperature  steam.  To  improve  the  sliding 
behavior  of  these  materials,  there  are  plasma-sprayed  coatings  which  can  be 
used  to  prevent  surface  damage  during  rubbing  contacts.  These  coatings  have 
been  found  to  be  suitable  for  use  in  high  temperature  steam  environments. 

This  leaves  erosion  damage  as  the  major  unknown  .  If  it  could  be  shown  that 
the  combination  of  a  substrate  material  and  a  plasma-sprayed  coating  was 


sufficiently  resistant  to  erosion  damage,  then  the  problem  of  material 
selection  would  be  greatly  simplified.  Otherwise,  It  would  be  necessary  to 
fabricate  the  bearing  components  out  of  some  solid  alloy,  such  as  Stellite  bB. 
which  is  generally  considered  to  have  adequate  erosion  resistance  and  sliding 
compatibility.  Even  this  approach  is  open  to  question  because  of  a  lack  of 
reliable  test  data  to  show  that  alloys  of  this  type  are  actually  suitable  for 
this  particular  application  as  far  as  sliding  behavior  is  concerned. 

Considerable  work  has  already  been  done  to  evaluate  the  corrosion  and  erosion 
resistance  of  materials  in  steam  (e.g.  Ref.  VI-3), but  most  of  this  effort  has 
been  concentrated  on  specialized  applications,  such  as  turbine  blade  erosion 
by  wet  steam.  The  results  are  of  limited  value  as  far  as  the  problem  of  steam- 
lubricated  bearings  is  concerned.  In  turbine  blade  erosion,  the  loss  of  a  mil 
or  two  of  surface  material  is  of  minor  consequence.  In  steam  lubricated 
bearings,  this  would  be  considered  as  catastropic  damage.  Similarly,  adherent 
corrosion  films  would  probably  not  cause  any  problems  in  most  applications,  but 
in  steam  bearings  the  thickness  of  these  films  could  represent  a  large  percentage 
of  the  bearing  clearances. 

To  evaluate  the  severity  of  this  problem  of  material  selection  for  steam 
bearings,  an  exploratory  program  was  conducted  at  Mil.  Based  on  past  experience, 
a  limited  number  of  corrosion-resistant  substrate  materials  and  hard  coatirg. 
with  potential  capabilities  for  resisting  sliding  damage,  were  selected  ard 
evaluated  in  static  tests  to  determine  'heir  ability  to  resist  damage  irom 
steam  erosion.  From  the  results  of  these  tests,  two  of  the  best  combina • lor s 
were  then  evaluated  as  thrust  bearings  in  high  speed  rub  tests. 

The  approach  used  in  evaluating  the  materials  and  the  results  of  the  tests  are 
reported  fully  inRef-VI"'*  and  are  summarized  in  the  following  settlor  of  this 

manual . 


SUMMARY  OF  RESULTS  FROM  REFERENCE  VI -4 


Problem  Approach 

The  approach  which  was  used  consisted  of  the  following  phases: 

1.  The  selection  of  a  limited  number  of  corrosion-resistant  substrate 
materials  and  plasma-spsayed  coatings  which  had  known  capabilities 
for  resisting  surface  damage  during  sliding  contacts. 

2.  The  evaluation  of  these  materials  in  a  static  erosion  test  to 
assess  their  resistance  to  erosion  damage. 

3.  The  selection  of  the  most  promising  combinations  and  the  evaluation 
of  these  combinations  for  high  speed  sliding  compatibility  in  the 
steam  environment. 

Selection  of  Materials  for  Erosion  Tests 

In  general,  cobalt-base  alloys,  such  as  Stellite  6B,  are  prime  candidates 
for  any  water  or  steam  lubricated  applications.  These  alloys  have  been 
reported  by  many  investigators  to  have  good  erosion  and  corrosion  resistance 
as  well  as  reasonable  sliding  behavior.  For  this  reason.  Stellite  6B  was 
an  obvious  choice  as  a  candidate  material.  However,  it  should  be  noted  that 
if  it  did  prove  to  be  necessary  to  use  solid  Stellite,  this  would  remove  much, 
of  the  design  and  fabrication  simplification  which  the  use  of  plasma-spraved 
coatings  offered.  Both  the  bearings  and  the  journals  would  have  to  be  made 
of  solid  Stellite  sleeves,  attached  in  some  manner  to  the  rest  of  the 
structure.  This  would  present  many  difficulties  in  fabricating  the  bearings, 
especially  as  far  as  drilling  feedholes  was  concerned.  In  addition,  while 
Stellites  have  been  used  successfully  in  some  water  lubricated  applications, 
there  was  still  a  question  as  to  whether  the  sliding  compatibility  of  these 
materials  was  good  enough  for  a  steam  bearing.  Experience  gained  on  water 
and  steam  sliding  evaluations  at  MTI  (  Ref.  VI-5)  indicated  that  there  were 
better  combinations  available.  Therefore,  although  solid  Stellite  was 
selected  as  one  candidate,  it  was  more  in  the  line  of  a  "back-up"  material 
in  the  event  that  nothing  else  was  found  suitable.  Also,  it  was  considered 
to  be  aggodd  standard  to  use  for  erosion  tests. 
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Because  Stellite  coatings  appeared  to  offer  many  of  the  advantages  of  solid 
Stellite,  and  eliminated  some  of  the  disadvantages,  one  Stellite  coating. 
Stellite  6,  was  also  selected  for  evaluation.  This  coating  was  applied  by  an 
arc-spray  process. 

In  the  category  of  hard,  plasma-sprayed  coatings,  two  cemented  carbide  compo¬ 
sitions,  nickel  chrome-bonded  chrome  carbide  and  nickel-bonded  tungsten 
carbide,  were  both  known  to  have  good  sliding  behavior  and  satisfactory 
corrosion  resistance  to  steam.  (Cobalt-bonded  tungsten  carbide  was  not 
considered  as  a  candidate  because  the  cobalt  binder  has  been  found  lacking 
as  far  as  corrosion  resistance  to  high  temperature  steam  is  concerned.) 
Coatings  of  nickel-chrome  bonded  chrome  carbide  have  been  evaluated  on  gas 
bearing  surfaces  by  Mil  at  temperatures  from  100  F  to  1400  F  in  both  air 
(Ref.JI-2)  and  in  argon  (Ref.VH6).  These  coatings  were  found  to  be  very 
resistant  to  surface  damage  during  high  speed  rubs.  Nickel-bonded  tungsten 
carbide  Is  being  used  in  the  MTI  NaK  lubricated  bearing  test  rig  and  has  run 
very  satisfactorily  on  water,  alcohol  and  NaK  lubrication  (Ref.VI-ft.  This 
carbide  coating  was  also  used  in  steam  bearing  tests  for  the  Office  of  Naval 
Research  (Ref.  VI-8). 

Two  p la sma- sprayed ,  self-bonded  oxide  coatings  were  also  selected  for 
evaluation.  These  were  chrome  oxide  (0^03)  and  aluminum  oxide  (AI2O3)  . 
Previous  gas  bearing  material  studies  had  shown  that  both  of  these  coatings 
would  resist  sliding  damage  during  high  speed  rubs.  This  was  particularly 
true  of  chrome  oxide  which  has  beer  used  very  successfully  in  a  nu  ,,'r  of 
gas  bearing  machines,  as  well  as  in  water  lubricated  bearings.  Unlike 
Cr203,  self-mated  AI2O3  is  not  a  good  combination,  but  coatings  have  been 
found  which  can  slide  effectively  against  AI2O3. 

Finally,  one  specimen  of  uncoated,  annealed  410  stainless  steel  was  included 
to  evaluate  the  performance  of  a  straight  metallic  alloy,  even  though  it 
was  known  that  this  material  would  not  have  satisfactory  sliding  behavior. 
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Since  one  of  the  test  variable.;  was  the  composition  of  the  substrate 
material,  these  coatings  were  applied  on  four  different  alloys  to  determine 
if  this  would  have  an  cbvio.s  influence  or  the  resuits.  An  attempt  was 
also  made  to  determine  the  effect  of  substrate  hardress  by  applying  the 
nickel-bonded  tungsten  carbide  to  both  hardened  and  annealed  410  stainless. 

The  actual  combinations  of  coatings  and  substrate  materials  which  were 
evaluated  in  these  teuts  at  steam  supply  pressures  of  60  and  150  psig  are 
listed  in  Table  VI"l. 

Results  from  Ercsic-.  Tests 


The  order  of  effectiveness  of  these  materials  with  60  psig  supply  steam 
appeared  to  be  as  fellows: 


Best 


Feedhole  Plate 

Chrome  carbide  cn  347  stainless 

Annealed  410  stainless,  no 
coating 

Tungsten  carbide  or.  hardened 
410  stainless 

Stellite  6B  (solid; 

Tungsten  carbide  on  annealed 
410  stalrlese' 


Impingement  Specimen 

Annealed  410  stainless, 
r.o  coai.r.g 

Stellite  6B  (solid) 

Stellite  coating  on  17-4  PH 
stainless 

Chrome  oxide  on  347  stainless 

Tungsten  carbide  on  hardened 
410  stainless 


Stellite  coating  cn  17-4  PH 
stainless 

Chrome  oxide  on  303  stainless 


Tungsten  carbide  c*  annealed 
410  stainless 

Chrome  oxide  or  303  stainless 

" 

W  rat 


In  certain  cases,  especially  '.he  impingement  plates,  this  ranking  is 
somewhat  arbitrary  since  the  difference  between  spec. '"■era  were  rather 
slight. 
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The  same  combinations,  with  the  exception  of  the  chro-ne  oxide  cated 
specimens,  were  again  set  up  in  the  erosion  te3t. 

The  second  part  of  the  test  was  run  for  95  hours  with  an  inlet  steam  supply 
of  150  psig  in  order  to  determine  the  effect  of  higher  steam  pressure. 

The  most  obvious  effect  of  increasing  the  inlet  steam  pressure  from  60  to 
150  psig  was  to  increase  the  damage  around  the  feedhole  exit.  The  impinge¬ 
ment  surfaces  showed  slightly  more  damage  at  150  psig,  but  the  differences 
were  small.  This  indicated  that  the  velocity  and  flow  pattern  of  the  steam 
was  much  more  important  than  the  impact  forces.  Again,  damage  on  the 
impingement  surfaces  was  in  the  form  of  annular  rings. 

The  order  of  effectiveness  of  these  materials  with  150  psig  supply  steam 
appeared  to  be  as  follows: 

Feedhole  Plate 

Annealed  410  SS,  no  coating 

Tungsten  carbide  on  hardened 
410  stainless 

Chrome  carbide  on  347 
sta inless 

Tungsten  carbide  on 
annealed  410  stainless 

Solid  Stellite 
Stellite  coating 

Worst 

All  of  these  material  combinations  showed  some  erosion  damage.  This  was 
th«  intent  of  the  teats  —  to  run  accelerated  evaluations  which  would  make 
it  possible  to  rank  the  materials  on  a  relative  basis.  Yet,  the  results 
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TABLE  VI- 1  -  MATERIAL  COMBINATIONS  EVALUATED  IN  STAIIC  EROSION  TESTS 
AT  STEAM  SUPPLY  PRESSURES  OF  60  AND  150  PSIG 


Feedhole  Plate 

(a) 

Tungsten  carbide  coating 

(25%  WC,  7%  Ni,  bal.  W-Cr  carbides) 

on  annealed  410  SS  (16-18Rc) 

Tungsten  carbide  coating 

(25%  WC,  7%  Ni,  bal.  W-Cr  carbides) 

on  hardened  410  SS  (40-42Rc) 

Ni-Cr  bonded  chrome  carbide 
coating  on  347  SS  (40-80Rc) 

Stellite  coating  on  17-4  PH 
stainless  (40-41Rc) 

(b) 

Chrome  oxide  on  303  SS  (5Rc) 

(c) 

Aluminum  Oxide  coating  on 
347  SS  (1 7-19Rc) 

Solid  Steil ite  6B  (36-38Rc) 

Annt-iled  410  SS  il6kc),  Uncoated 


(a) 

All  < 

coatings 

ground 

and  lapped 

(b) 

This 

coat ing 

fa  i  led 

because  of 

test 

at  60  psig. 

(c) 

This 

coating 

failed 

because  of 

test 

at  150  psig. 

Impingement  Specimen 
Same  as  feedholr  plate. 

Same  as  feedhole  plate. 

Same  as  feedhole  plate. 

Same  as  feedhole  plate. 

Same  as  feedhole  plate. 

Ni-Cr  bonded  chrome  carbide  on 
347  Stainless  (17-20Rc) 

Same  as  feedhole  plate. 

Same  as  feedhole  plate 

,  0.003  inches  thick, 
feedhole  edge  chipping  in  95  hour 

feedhole  edge  chipping  in  50  hour 
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raised  the  question  as  to  whether  anv  of  th*  materials  were  suitable  for 
long  term  bearing  applications  in  steam. 

To  help  resolve  this  question,  an  examination  was  made  of  the  shaft  which 
was  used  in  the  steam- lubricated  journal  bearing  tests  performed  for  the 
Office  of  Naval  Research  (Ref .VI-8) . This  shaft  had  a  nickel-bonded  tungsten 
carbide  coating  on  a  nickel-plated  mild  steel  substrate.  It  was,  therefore, 
comparable  to  the  tungsten  carbide-coated,  annealed  410  stainless  specimen 
which  had  been  used  in  the  static  erosion  tests.  This  shaft  had  about 
fifty  hours  of  operating  time  over  a  wide  range  of  conditions.  In  the 
erosion  tests,  fifty  hours  was  certainly  long  enough  to  cause  measurable 
erosion  damage. 

Since  the  shaft  was  large  and  bulky,  replica  techniques  were  used  to 
examine  the  surface.  The  journal  areas  had  one  deep  scratch,  just  outside 
of  the  restrictor  region,  which  had  been  caused  by  an  abrasive  particle 
being  trapped  in  the  bearing.  Adjacent  to  this  scratch,  the  restrictor 
area  was  visible  as  a  faint,  polished,  circumferential  rina.  Two  replicas 
were  made,  180°  apart  on  the  journal.  For  all  practical  purposes  there 
was  no  indication  of  any  surface  damage  or  material  removal  from  the 
carbide  coated  journal  surface. 

There  are  at  least  two  reasons  why  the  journal  surface  should  not  show  as 
much  damage  as  the  static  erosion  test  specimens.  First,  the  journal 
surface  is  normally  moving  under  the  feedholes.  Thus,  the  impingement 
area  is  constantly  changing  as  the  journal  moves  or  rotates.  Secondly, 
in  the  actual  bearing,  only  about  25  percent  of  the  total  pressure  drop 
takes  place  across  the  annular  restriction  formed  by  the  feedhole  circum¬ 
ference  and  the  clearance  gap  of  the  shaft.  In  the  static  erosion  test, 
about  65  percent  of  the  total  pressure  drop  takes  place  in  this  area. 

This  results  in  choked  restrictor  flows  in  the  erosion  test,  while 
subsonic  flows  are  u.roal  in  bearings.  Thus,  it  is  apparent  that  the 
static  erosion  test  conditions  are  appreciably  more  severe  than  the 
conditions  in  the  bearing. 
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Selection  of  Erosion  Resistant  Materials  for  Sliding  Tests 
Aside  from  the  results  obtained  with  the  oncoated  410  stainless,  the  best 
overall  materials  found  in  these  static  erosion  tests  were  chrome  carbide  and 
tungsten  carbide  coatings.  Ihe  solid  Stellite  6B  and  the  Stellite  coating 
were  both  satisfactory  for  the  impingement  surface,  be*  very  questionable 
for  use  around  the  feedholes. 

Becau&e  other  gas  bearing  material  studies  had  shown  that  self-mated  chrome 
carbide  coatings  had  good  sliding  compatibility,  this  was  one  of  the  combi¬ 
nations  which  was  selected  for  the  evaluation  of  sliding  behavior  in  steam. 

The  second  combination  selected  was  the  tungsten  carbide  coating  running 
against  the  Stellite  coating.  If  this  combination  did  prove  to  be  effective 
in  sliding,  it  was  planned  that  the  tungsten  carbide  could  be  used  on  the 
bearing  because  of  its  resistance  to  erosion  around  the  feedholes,  while 
the  Stellite  could  be  applied  to  the  journal  for  resistance  to  impingement 
erosion . 
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Results  from  Sliding  IS-Sts 


The  first  combination  which  was  evaluated  was  the  nickel  chrome-bonded 
carbide  sliding  against  itself.  This  coating  was  sprayed  on  hardened 
410  stainless  substrates.  The  costing  on  the  thrust  runner  was  0.003  inches 
thick.  The  thrust  bearing  spiral-grooved  pattern  was  made  by  spraying  the 
coating  through  a  stainless  steel  mask  and  then  grinding  the  coating  back 
to  form  a  groove  depth  o t  0.001  inch. 

This  self-mated  coating  survived  the  complete  series  of  impact  loads.  If 
anything,  the  hydrodynamic  performance  of  the  bearing  was  better  at  the  end 
of  the  test.  The  contact  areas  were  polished  and  no  evidence  of  welding  or 
tearing  could  be  detected. 

The  second  combination  was  a  Stellite  coated  thrust  bearing  sliding  against 
a  tungsten  carbide  coated  runner.  This  combination  gave  very  poor  results. 
The  edges  of  the  Stellite  grooves  were  almost  completely  wiped  out  in  the 
preliminary  start-up  runs,  even  before  any  impact  loads  had  been  applied. 
This  wear  destroyed  the  hydrodynamic  capability  of  the  bearing. 

Since  the  chrome  carbide  had  survived,  not  only  these  preliminary  start-up 
runs  but  also  the  complete  series  of  impact  tests,  this  coating  was  selected 
as  the  most  promising  material  to  use  on  the  actual  steam  bearing. 
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CONCLUSIONS 

The  experimental  study  reported  in  Ref. 04  was  made  to  select  material  combina¬ 
tions  for  use  in  steam-lubricated  bearings.  Major  emphasis  was  placed  on  the 
use  of  wear-resistant  plasma  coatings,  sprayed  on  corrosion  resistant 
substrates.  These  coatings  have  outstanding  resistance  to  damage  during 
high  speed  rubs,  simplify  design  and  fabrication  problems,  and  have  shown 
promise  in  actual  steam  bearings. 

The  work  was  divided  into  three  phases: 

1.  A  number  of  candidate  materials  and  coatings,  which  were  believed 

to  have  good  sliding  behavior  in  steam,  were  selected  for  evaluation. 

2.  These  materials  were  screened  in  a  static  erosion  test  under  condi¬ 
tions  which  accelerated  damage,  thus  permitting  a  relative  ranking 
of  materials. 

3.  The  most  promising  candidates  from  the  erosion  tests  were  then 
evaluated  to  determine  their  resistance  to  damage  during  high 
speed  rubs. 

The  test  materials  included:  solid  Stellite  6B,  a  sprayed  Stellite  6  coating, 
two  metal-bonded  carbides,  two  self-bonded  oxides,  and  plain  annealed  410 
stainless.  These  materials  showed  varying  degrees  of  damage  in  the  erosion 
tests . 

Uncoated,  annealed  410  stainless  showed  outstanding  resistance  to  erosion 
dasmge,  but  the  sliding  behavior  of  this  alloy  was  known  Co  be  poor.  On 
the  impingement  surfaces,  solid  Stellite  6B  and  the  Stellite  6  coating  were 
resistant  to  erosion,  but  both  were  damaged  badly  around  the  edge  of  the 
feedhole.  Of  those  materials  which  would  be  most  suitable  for  use  in  the 
steam  bearing,  a  nickel  chrome -bonded  chrome  carbide  coating  gave  the  best 
overall  results.  Nickel -bon 'ad  tungsten  carbide  on  a  hardened  steel 
substrate  showed  good  resistance  to  erosion  damage  around  the  feedhoie, 
while  the  Stellite  6  coating  was  promising  for  the  impingeamnt  surface. 
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An  examination  was  also  made  of  the  surface  of  a  tungsten  carbide  coated 
journal  which  had  been  operated  for  about  50  hours  under  a  variety  of  test 
conditions  in  steam- lubricated  bearing  experlsmnts.  The  results  showed  that 
the  static  erosion  tests  were  actually  much  more  severe  than  the  appl 'cation. 

For  the  sliding  evaluations,  two  combinations  were  selected.  These  were: 

(a)  Nickel  chrome-bonded  chrose  carbide  versus  itself. 

(b)  Stellite  coating  versus  nickel-bonded  tungsten  carbide. 

These  two  combinations  were  evaluated  in  a  hydrodynamic  thrust  bearing  test 
in  a  steam  environment  to  determine  their  resistance  to  damage  during  high 
speed  rubs.  The  self-mated  chrome  carbide  showed  outstanding  resistance. 

The  Stellite  versus  tungsten  carbide  combination  failed  in  the  preliminary 
shakedown  tests. 


Based  on  the  overall  results  of  this  work,  the  chrome  carbide  coating 
sprayed  on  410  or  416  stainless  substrate  appears  to  be  the  best  choice  for 
steam  bearing  design  at  this  date  in  the  development  of  the  "state  of  the  art". 
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